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ABSTRACT 

There has been a significant research and development effort directed at development of power generation cycles with 

supercritical carbon dioxide (sCO2) as the working fluid.  Due to the unique properties of CO2 at pressures and temperatures 

above its critical point, it is possible to design compact turbomachinery with high efficiency for diverse applications ranging 

from nuclear power to waste heat recovery.  A particular variant of sCO2 power cycles combines the basic semi-closed, 

recuperated cycle with oxy-fuel combustion to achieve high efficiency with the inherent capability of capturing excess CO2 

for subsequent disposal via utilization (e.g., enhanced oil recovery or as an industrial product) or underground sequestration.  

This feature makes the oxy-fuel combustion (or oxycombustion), sCO2 cycle-based power generation technology a strong 

competitor with conventional fossil fuel combustion-based systems with pre- or post-combustion carbon capture, e.g., coal-

fired thermal power plants and natural gas-fired gas turbine combined cycle power plants.  This paper takes a close look at 

the oxycombustion sCO2 cycle to gauge whether it can be developed into a credible alternative for the latter (since coal-

fired power plants are being phased out in developed countries at an increasingly rapid pace). 

INTRODUCTION 

Supercritical CO2 (sCO2) cycle is a closed, recuperated heat engine cycle with the working fluid state-points (partially 

or wholly) above the critical point of carbon dioxide (73.8 bar and 31.1°C).  In terms of basic cycle construction, it does 

not differ from the past examples described in Frutschi’s monograph (2005).  If the heat rejection part of the cycle is in the 

supercritical region, it is referred to as sCO2 Brayton cycle.  If the heat rejection part of the cycle is below the critical point 

and entails condensation of CO2, it is referred to as sCO2 Rankine cycle.  Its emergence as a potential rival to the 

conventional steam Rankine cycle for electric power generation can be traced to late 1960s (Angelino, 1968).  At that time, 

the importance of real gas property calculations, especially near the critical point, was recognized as well (e.g., Angelino, 

1969).  A key modification to the recuperated cycle is splitting the hot CO2 flow downstream of the recuperator to enable 

reduced cycle heat rejection for higher efficiency (Anderson, 1968, Utamura, 2010).  At present, this is the most widely 

investigated sCO2 cycle variant under the name part- or split-flow recompression cycle with a cycle pressure ratio (PR) of 

about 3:1 and cycle maximum temperatures up to 760°C (1,033 K).  A further modification of the simple recuperated cycle 

is known under the name partial cooling, which comprises the addition of a pre-cooler and pre-compressor upstream of 

the re-compressor.  Flow split takes place at the discharge of the pre-compressor.  The net effect of the precooler and pre-

compressor is to reduce the temperature of sCO2 at the discharge of the re-compressor.  One effect of this modification is 

to increase the temperature range of the cycle heat addition, which makes it more suitable to a bottoming cycle, i.e., heat 

recovery applications.  The other effect of partial cooling modification is an increase in cycle PR, i.e., from 3:1 to about 

4:1 by enabling lower turbine exhaust pressure.  Overall, though, everything else being the same, split-flow recompression 

has comparable efficiency but partial cooling cycle boosts plant net output significantly.  For a cost and performance 

compression of the simple recuperated, split-flow recompression, and partial cooling cycles in a concentrated solar power 

application, see Neises and Turchi (2019).  For the application of the partial cooling cycle to a coal-fired application (with 

http://www.gpps.global/
mailto:scgulen@bechtel.com
mailto:mtaherim@bechtel.com
mailto:L.Lyddon@bre.com


2 

a circulating fluidized bed sCO2 heater), refer to Pidaparti et al. (2020), who found higher efficiency and lower COE for 

the partial cooling cycle with reheat. 

Until early 2000s, the sCO2 power cycle technology was dormant due to limited availability and/or experience in high 

temperature-pressure materials and high-performance heat exchangers (with low pressure loss and high effectiveness, i.e., 

above 95%) requisite for acceptable cycle efficiency with low cycle PR.  Since then, there has been a veritable renaissance 

in sCO2 power generation cycles for applications including nuclear, concentrated solar, fossil-fired (coal and natural gas), 

and waste heat recovery (Dostal et al., 2006; Persichilli et al., 2011; Turchi et al., 2012; Held, 2015).  So far, the experience 

has been limited to small-scale pilot and/or demonstration facilities with indirect heat addition (i.e., no combustion, fully 

closed cycle).  At the time of writing, a 10-MW facility is under construction at the campus of Southwest Research Institute 

(Marion et al., 2019). 

The most intriguing application of the sCO2 technology is the semi-closed variant with direct heat addition via 

oxycombustion utilizing natural gas or syngas (generated by gasification).  Two early variants of oxycombustion cycles 

were Graz (Jericha, 1995) and Matiant (Mathieu and Nihart, 1998) cycles, which did not proceed beyond paper concepts.  

The Matiant cycle is the more cumbersome one and comprises an sCO2 Rankine cycle combined with a regenerative CO2 

Brayton cycle with reheat.  The Graz cycle is simpler in that it is similar in basic construction to the simple recuperation 

sCO2 cycle.  Combustion products comprising CO2 and H2O are expanded in a turbine, followed by a condenser where 

steam is condensed and CO2 is vented, compressed, and transported to a site for utilization or sequestration.  Condensate 

is pumped and recycled to the combustor where it acts as the moderator in the stoichiometric combustion process with O2.  

Another version of the Graz cycle and a demo plant with a General Electric J79 turbine, minus the compressor, to be driven 

directly by a 170 MWth high-pressure, oxycombustor are described by Anderson et al. (2008).  A brief, informative 

coverage of oxycombustion cycles can be found in Gülen (2017).  A comprehensive thermodynamic comparison of the 

oxycombustion cycles is provided in the paper by Bolland et al. (2001). 

A variation of the cycles described above, sometimes referred to as water cycles because of recycled H2O as 

combustion moderator, is the Allam cycle where the combustion moderator is recycled CO2 at 300 bar (Allam et al., 2014).  

In the Allam cycle, CO2 constitutes (nominally) 95% of the fluid flow in the combustor (by mass) with the rest, 5%, made 

up by oxygen and fuel.  The resulting combustion product is roughly 90%(v) CO2.  Oxygen for combustion is generated 

by a cryogenic air separation unit (ASU).  Carbon dioxide generated by the combustion is taken away from the cycle at 

the condenser discharge to maintain the cycle mass balance (hence semi-closed).  After the condenser with H2O removal, 

CO2 content of the recycled working fluid is 97%(v) CO2.  The Allam cycle has received significant attention in the last 

decade.  A 50 MWth test facility in La Porte, Texas was built and operated to demonstrate the oxy-fuel combustor and the 

turbine.  A press release in late 2021 stated that the Allam cycle turbine had delivered electricity to the ERCOT grid.  

Developers of the technology made announcements on potential zero-carbon projects to build a 300 MWe commercial 

power plant based on what they now refer to as the Allam-Fetvedt cycle.  The inherent carbon capture feature of the 

oxycombustion sCO2 cycle (i.e., without a complex and costly chemical process plant add-on) with (advertised) 59% net 

LHV efficiency has created a unique aura around this simple yet powerful zero-carbon power plant concept.  This paper 

aims to take a critical look at the performance potential of oxycombustion in a semi-closed, supercritical CO2 cycle using 

fundamental thermodynamic arguments to establish whether it can indeed fulfil its promise to be the flagship of sustainable 

electric power generation in the future. 

FUNDAMENTAL ANALYSIS 

What Is Claimed? 

All heat engine cycles are attempts (in many cases, quite feeble) to approach the theoretical ultimate, i.e., the Carnot 

cycle.  According to the Kelvin-Planck statement of the second law of thermodynamics, there can be no heat engine 

operating in a cycle and be more efficient than a Carnot cycle operating between the same temperature reservoirs (i.e., 

maximum and minimum cycle temperatures, TMAX and TMIN, respectively).  In practice, this is an impossible feat to 

accomplish.  Conventional Brayton (gas turbine) and Rankine (steam turbine) cycles are indeed far removed from the 

Carnot ideal.  In simple terms, their mean-effective cycle heat addition and/or heat rejection temperatures (henceforth, 

METH and METL, respectively) are well short of TMAX and TMIN (in the case of the Brayton cycle, both).  Attempts to 

address these problems, i.e., to Carnotize the heat engine cycles, usually involve several thermodynamic ‘tricks’, i.e., 
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intercooled compression (to approximate isothermal heat rejection), recuperation (to increase METH and to reduce METL, 

simultaneously), and/or reheat (to approximate isothermal heat addition).  Supercritical CO2 cycles with recuperation and 

intercooled compression (combined with pumping in latter stages) are effectively Carnotized Brayton or Rankine cycles.  

Oxycombustion is just an additional thermodynamic trick to facilitate high cycle efficiency with inherent CO2 removal 

capability without adding a second, chemical process plant to the mix. 

The claimed net LHV efficiency of the Allam cycle is nearly 59% (Allam et al., 2013, 2014, 2017; Isles, 2014; 

Fernandes et al., 2019).  The conceptual cycle with 1,150°C (1,423 K) turbine inlet temperature (TIT), 300 bar turbine inlet 

pressure and cycle pressure ratio (PR) of 10:1 is schematically described in Figure 1.  Scaccabarozzi et al. (2016) used an 

Aspen Plus (a process simulation software widely used in the chemical process industry, 

https://www.aspentech.com/en/products/engineering/aspen-plus) model to investigate the performance of the Allam cycle, 

which they found to be 54.6% net LHV.  Their paper includes detailed information on compressor and cooled sCO2 turbine 

modelling.  In fact, the same team published an in-depth study of the cooled sCO2 turbine (Scaccabarozzi et al., 2022), 

whose findings are adopted in the present study.  The literature review conducted for this paper and the first author’s 

upcoming book (Gülen, 2022) as well as the detailed thermodynamic investigation presented herein (fundamental and 

engineering design) convinced us that the most credible (and realistic) independent assessment of the Allam cycle to date 

has been made by the Politecnico di Milano team led by Dr. Emanuele Martelli (e.g., see the papers by Scaccabarozzi et 

al. cited above). 

 

 
Figure 1 Schematic description of the semi-closed oxy-combustion cycle 

 

Another detailed plant performance analysis based on the Allam cycle is provided by Sifat and Haseli (2018).  The 

authors in the cited paper compare the claimed performance in Allam et al. (2017) with their own model prediction.  No 

information is available on the details of the cycle turbine, e.g., number of stages, stage efficiencies, cooling flows, etc.  

Sifat and Haseli’s simple model assumed an uncooled expander with 90% efficiency.  Compressor and pump efficiencies 

were taken as 85% and 75%, respectively. Even with such simple yet optimistic assumptions, the authors could only predict 

55% net LHV efficiency with the same cycle parameters reported by the original developers.  Using the assumptions from 

the MS thesis of Manso (2013), the authors could come up with only 51.8% (mainly due to lower turbine efficiency). 

However, in a recent paper, Haseli and Sifat (2021) concluded that a net cycle efficiency of 58.2% is achievable for 

the Allam cycle with the operating parameters of the cycle developers subject to integration of the heat produced by all 

ASU compressors, maintaining a minimum cycle temperature of 290 K and a CO2 compressor discharge pressure of 53.5 

https://www.aspentech.com/en/products/engineering/aspen-plus


4 

bar (discharge pressures of 4.2 bar and 80 bar for the MAC and booster air compressor, respectively).  (As will be discussed 

later in the paper, this is not a practically feasible choice unless the working fluid in question is pure CO2, which it is not.)  

Furthermore, the authors also calculated an optimum efficiency of 59.7% net LHV with a TIT of 1,500 K (1,223°C), and 

turbine inlet and outlet pressures of 305.5 bar, and 28.1 bar, respectively (i.e., PR = 10.9:1).  In the same paper, the authors 

provide a comparison of various Allam cycle study findings ranging from 54.6% to 59.3% by different authors, e.g., 

Mitchell et al. (2019), Rogalev et al. (2019), and Allam et al. (2017).  In addition to varying assumptions of component 

efficiencies and turbine cooling, the key contributors to the disagreement between the findings of different researchers are 

ASU performance, recuperation scheme, and heat integration of recuperation with ASU heat rejection (see Table 1). 

 

Table 1 Published performance estimates for the Allam cycle 

  

Allam et al. 
(2017) 

Sifat & 
Haseli 
(2018) 

Sifat & Haseli 
(2018), Manso 

(2013) 

Scaccabarozzi 
et al. (2016) 

Net Output, MWe 303 281.8 401 419.3 

Fuel Consumption, MWth 511 511 774 768.3 

O2 Consumption, mt/day 

(O2 to Fuel Flow Ratio) 
3,555 
(4.0) 

3,555 
(4.0) 

5,357 
(4.0) 

5,600 
(4.2) 

Turbine Flow, kg/s 923 942.1 1,277.5 1,271 

TIT, °C 1,158 1,158 1,150 1,154 

PR 10:1 10:1 10:1 8.835:1 

Turbine Exhaust Temperature, C 727 786 800 741.2 

ASU Power, MWe (kJ per kg of O2) 

Fraction of Fuel Input LHV 

56 (1,361) 
0.110 

85 (2,066) 
0.166 

84 (1,355) 
0.109 

90 (1,389) 
0.117 

CO2 Compression, MWe  

(Fraction of Fuel Input LHV) 

77 
(0.151) 

88 
(0.172) 

72 
(0.093) 

111.2 
(0.145) 

Net Thermal Efficiency 59% 55% 51.8% 54.6% 

What Is Possible? 

Sir Arthur Conan Doyle, through his inimitable, fictional sleuth, Sherlock Holmes, stated it succinctly and irrefutably 

in his 1890 novel The Sign of the Four: “How often have I said to you that when you have eliminated the impossible, 

whatever remains, however improbable, must be the truth?”  This is exactly what will be undertaken in this section.  What 

is impossible in the present investigation is quantified via three ideal cycle calculations, i.e., in descending order of 

efficiency predictions: 

- Carnot cycle (via TMAX and TMIN) 

- Equivalent Carnot cycle (via METH and METL) 

- Ideal cycle with a real gas equation of state (EOS), zero pressure, heat, and friction losses, and 100% component 

isentropic efficiencies 

The first two can easily be identified on the temperature-entropy (T-s) diagram of any heat engine cycle.  The T-s 

diagram of the intercooled-recuperated sCO2 cycle in Figure 1 is shown (in a generic manner) in Figure 2.  The Carnot 

cycle efficiency is easy to evaluate, i.e., for T4 = TMAX = 1,150°C, and T1 = TMIN = 15°C (ISO ambient temperature), it 

is given by 

+
= +

+


15 273.15
1

1150 273.15
c

.       (1) 
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Figure 2 Temperature-entropy (T-s) diagram of the sCO2 cycle with recuperation 

and intercooled compression 

(For TMAX = 1,500 K, the result is c = 80.8%.)  For the calculation of METH and METL, we will use the air-

standard cycle approach with the following assumptions: (i) ideal gas EOS, (ii) constant specific heat, cp (i.e., perfect gas), 

and (iii) isothermal compression with recuperation.  With these assumptions, it follows that T3 = T5 and T2 = T1 = T6 = 

TMIN.  Consequently, without resorting to tedious enthalpy/entropy change evaluations for precooling, inter- and 

aftercooling, METL = TMIN = 288 K, and METH is the logarithmic average of T3 and T4 = TMAX = 1,423 K.  Turbine 

exhaust temperature, T5, is evaluated using the isentropic formula 

5 4
1

, 1kT T PR k


−=  = − .       (2) 

In standard textbook calculations, the value of the specific heat ratio, , is taken as 1.4 for air as perfect gas.  For 

supercritical CO2, in the region of interest, cp varies between 1.17 and 1.31 kJ/kg-K.  Using an average value of 1.24 kJ/kg-

K and molecular weight of 44 kg/kmol,  is calculated as 1.18.  Using this value in Eq. (2), we find that T5 = T3 = 1,002 K 

so that METH is evaluated to be 1,200 K (927°C).  Using this value in the denominator of the fraction on the right-hand 

side of Eq. (1), the equivalent Carnot efficiency is found to be ec = 76.0%.  (For TMAX =1,500 K and PR = 10.9:1, METH 

= 1,257 K, and the equivalent Carnot efficiency, ec = 77.1%.) 

Successful Carnotization of the sCO2 cycle with a relatively modest cycle PR is evident from these results.  (In 

comparison, the efficiency of the standard Brayton cycle is a function of cycle PR and  only, which would amount to a 

paltry 30.5%.)  For a conventional, simple recuperated sCO2 cycle with indirect heating, PR = 3:1, and TMAX = 760°C, 

METH is calculated as 951 K ( = 1.18) so that ec = 69.7% (vis-à-vis the Carnot efficiency, c = 72.1%.  However, for 

the recompression cycle with a flow split fraction of  = 0.6, the equivalent Carnot efficiency becomes 

 = − =
288

1 0.6 81.8%
951

ec
.       (3) 

which is higher than the conventional Carnot efficiency!  The reason for this seemingly impossible finding is the reduction 

in cycle heat rejection because only a fraction of the cycle working fluid is involved in that process.  Without flow split, 

the equivalent Carnot efficiency would simply be ec = 1 – 288/951 = 69.7% because the working fluid is fully involved 

in both heat addition and rejection processes.  A full derivation of Eq. (3) can be found in Gülen (2022).  This is a clear 

and simple-to-understand demonstration of the effectiveness of reduction in cycle heat rejection (via flow split and re-

compression) on cycle efficiency. 

Finally, let us look at an ideal cycle calculation in Thermoflow, Inc.’s THERMOFLEX flowsheet simulation software 

with real gas properties (using the REFPROP (2018) package for sCO2 property calculation) with zero losses, 100% 

recuperative heat exchange effectiveness, and isentropic components.  Cycle heat and mass balance data (700 kg/s sCO2 
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flow, T4 = 1,500 K and PR = 10.9:1) data is shown Figure 3.  Cycle heat input is 564,614 kWth, and heat rejection is – 

22,870 – 174,681 = – 197,551 kWth for cycle work output of 564,614 – 197,551 = 367,063 kW and cycle efficiency of 

367,063 / 564,614 = 65.0%, i.e., nearly five percentage points lower than its air-standard counterpart.  Note that in the ideal 

cycle calculations, the working fluid is 100% CO2, which is not the case in the actual cycle with combustion.  The goal 

therein is to keep the CO2 purity to at least 97%(v) to derive the benefit of quasi-isochoric pumping of dense phase CO2. 

 

 
Figure 3 Ideal sCO2 cycle with recuperation (THERMOFLEX model with REFPROP) 

 

 

Figure 4 Ideal sCO2 cycle with split-flow ( = 0.5) and recompression 

A two-stage compression with intercooling adds only 0.3 percentage points to the efficiency.  A more worthwhile 

modification would be split-flow recompression, whose THERMOFLEX heat and mass balance with  = 0.5 is shown in 

Figure 4.  From the data shown in the figure, net output is 338,546 kW and cycle efficiency is 66.6%, i.e., 1.6 percentage 

points better than that for the simple recuperation cycle in Figure 3. 

To summarize, for a sCO2 cycle with recuperation and isothermal compression, TIT (TMAX) = 1,500 K and PR = 

10.9:1, 

- Carnot efficiency is 80.8% (ultimate theoretical limit) 

- Equivalent Carnot efficiency is 77.1% (theoretical limit with perfect gas assumption) 

- Ideal cycle limit with real gas model is 65% (65.3% with intercooled compression) 

- Ideal cycle limit with split flow ( = 0.5) and recompression is 66.6% 

So far, sCO2 power cycles have not progressed beyond being an academic exercise.  There is no commercial design, 

engineering, procurement, construction, and field operation experience to provide a framework for proper evaluation of the 

findings above.  The only means available to put the ideal cycle efficiency numbers into a meaningful perspective is the 

theory and experience gained in Brayton-Rankine (i.e., gas and steam turbine) combined cycle.  Air-standard Brayton-

Rankine combined cycle (CC) efficiency is a function of Brayton (gas turbine) cycle PR and TMAX (i.e., gas turbine TIT).  

Horlock (1995) has shown that the two parameters are related and there is an optimum cycle PR for given TIT that 

maximizes CC efficiency.  Gülen (2019) confirmed that assertion and established the relationship between TIT and cycle 

PR at the point where gas turbine specific power output is maximized by using published OEM rating data for heavy-duty 

industrial gas turbines.  For a given TIT (T3 in Brayton cycle), the optimum cycle PR is given by (for T1 = 288.15 K) 
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1 0.2939
2

3 3, 0.3093
288.15 1873.15

opt
T T

PR



   

= =   
   

.    (4) 

Using Popt from Eq. (4), combined cycle efficiency can be found as (for  = 1.4) 

0.28573 2
2

3

2

288.15
1 , , 288.15 .

ln

cc opt
T T

METH T PR
METH T

T


−

= − = =
 
 
 

   (5) 

Air-standard cycle efficiencies of the sCO2 cycle (with recuperation, isothermal heat rejection and compression, and 

 = 1.18) and Brayton-Rankine CC are plotted as a function of TIT (T4 in Figure 1 for the sCO2 cycle, T3 for the CC) in 

Figure 5.  On a theoretical (ideal) cycle basis, the sCO2 cycle at 1,150-1,223°C TIT (PR 10.9:1) matches the performance 

of the Brayton-Rankine combined cycle at 1,700°C gas turbine TIT (PR = 23.5:1).  This is indeed a testament to the 

thermodynamic advantage of recuperation and isothermal compression (both cycles have isothermal heat rejection) as well 

as the superiority of sCO2 vis-à-vis air as cycle working fluid (represented by ). 

 

 

Figure 5 Ideal cycle comparison 

What Is Really Possible? 

On an ideal cycle basis, as illustrated by the graphic in Figure 5, there is a clear efficiency advantage for the sCO2 

power cycle vis-à-vis gas-steam turbine combined cycle.  Undoubtedly, there will be significant changes when a concept 

is translated from the drawing board to the field.  In other words, the efficiencies in Figure 5 do not reflect the reality.  

Thus, the next task for the scientist/engineer is to quantify the gap between theory and practice (i.e., the reality).  To do 

that, we examine the ISO base load rating performances for heavy-duty industrial gas turbine combined cycles published 

in the annual handbook of the Gas Turbine World (GTW) magazine, which is a leading trade publication.  Simple and 

combined cycle gas turbine performance data, in terms of net output and LHV efficiency (with 100% CH4 fuel), are 

provided directly by the OEMs for ISO ambient conditions and with minimal auxiliary loads.  A study of the published net 

rating performances established the auxiliary load implicit in the listed values as 1.6% of gross (generator) output (Gülen, 

2011).  For net cycle performance, one must account for cycle power consumers, i.e., condensate and feed pumps, typically 

1.9-2.0% of steam turbine generator output or about 0.5-0.6% of gross output (ibid.).  Utilizing 2016 GTW Handbook data 

and making the adjustment to convert net performance to gross or cycle performance (generator output minus cycle pump 

power consumption), a comparison of real and theoretical performances can be made as shown in Figure 6. 
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Figure 6 Comparison of theory and technology state-of-the-art  

Using the data in Figure 6, one can establish a technology factor (TF) that quantifies the technology state-of-the-art 

(represented by published rating efficiency) as a fraction the theory (represented by the air-standard cycle efficiency).  For 

the gas-steam turbine (Brayton-Rankine) combined cycle, TF is found as 0.820+0.018 in the limited range covering 

advanced F, G, H, and J class gas turbine TITs, 1,450 to 1,700°C.  As a function of TIT (in °C), TF on a gross/cycle basis 

is represented by the linear curve-fit equation (R2 = 0.8835, removing two outliers) 

= +
 
 
 

0.1337 0.6175
1000

TIT
TF .       (6) 

Modern gas and steam turbines represent the pinnacle in prime mover (heat engine) technology at the time of writing, 

drawing upon the latest developments in metallurgy, 3D aerodynamics, combustion, electro-mechanics, rotor-dynamics, 

and digital controls.  Connected with a three-pressure, reheat HRSG, they form the backbone of the most efficient fossil 

fuel-fired electric power generation technology: the gas turbine combined cycle (GTCC) with rated efficiencies peaking at 

about 64% net LHV and CO2 emissions less than 350 kg/MWh.  This achievement is the result of a long period of intense 

research and commercial development going back to late 1960s and early 1970s and involving billions of dollars in 

investment, millions of man-hours spent in design, development, and operation, and millions of hours of fired operation in 

the field by thousands of units.  It is patently unrealistic to expect better TF for any FOAK technology than that achieved 

by the GTCC state-of-the-art in the third decade of the twenty-first century. 

Let us open a rhetorical parentheses here.  The technology factor concept is a powerful tool in bridging the gap between 

ideal theory and engineering practice.  It has been successfully used by German engineers and turbomachinery designers, 

under the name Gütezahl or Gütegrad (German for goodness number or degree of goodness) in design of centrifugal pumps 

and compressors (for aircraft engine turbo- and superchargers).  For an in-depth discussion, see the monograph by 

Kollmann, Douglas and Gülen (2021).  A valid question is whether TF derived from Brayton-Rankine CC is applicable to 

another technology.  The answer is unequivocally affirmative provided that the other technology in question is also a heat 

engine.  A heat engine, regardless of the type of cycle and working fluid, (i) is characterized by highest and lowest cycle 

temperatures and (ii) comprises similar equipment for compression, heat addition (via internal or external combustion), 

expansion, and heat rejection.  Heat addition and rejection processes take place in heat exchange devices of one form or 

another to directly determine the aforementioned highest and lowest cycle temperatures.  This assertion is unassailable and 

borne out by Figures 2-4 for the particular case of oxy-combustion sCO2 cycle, which is a close kin of conventional gas 

turbine cycle, simple or combined.  We can now close the parentheses. 

The technology factor in Eq. (6) is applied to the ideal sCO2 cycle in Figure 5 and the result is also plotted in Figure 

6.  While the sCO2 cycle still shows an advantage vis-à-vis GTCC (also note that it implicitly includes CO2 capture with 

oxycombustion), it seems that the latter might have a fighting chance with H or J class TITs even with the performance 

penalty incurred by the addition of post-combustion carbon capture (PCC).  This will require a closer look at the 
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oxycombustion sCO2 cycle with all the proverbial “baggage”, i.e., plant auxiliary loads, turbine cooling, and direct heat 

addition (combustion).  From Figure 6, predicted gross/cycle efficiency of an oxycombustion cycle with 1,500 K TIT and 

10.9:1 cycle pressure ratio is about 60%.  As noted earlier, for this cycle, Carnot and equivalent Carnot efficiencies are 

80.8% and 77.1%, respectively, implying a cycle factor of CF = 77.1/80.8 = 0.954.  The technology factor for 1,500 K TIT 

from Eq. (6) is found as TF = 0.782.  Thus, achievable gross/cycle efficiency is 0.782  77.1% = 60.3%.  It is imperative 

to understand that this is not the plant net thermal efficiency, which is found after subtracting plant’s own (auxiliary) power 

consumption and step-up transformer losses.  Assuming a (quite optimistic) 2% for the latter, predicted plant net thermal 

efficiency would be 60.3%  (1 – 2%) = 59.1% (excluding the fuel and O2 compressors and the ASU – more on those later 

in the paper).  More optimistically, using the average TF value of 0.82, we find that 0.82  77.1%   (1 – 2%) = 62%.  This 

is a number based solely on fundamental thermodynamic considerations without a proper cycle heat and mass balance 

simulation based on realistic hardware design assumptions.  The next step is to do just that. 

ENGINEERING ANALYSIS 

From a practical, field installation perspective, an electric power plant based on supercritical CO2 cycle with 

oxycombustion is a combination of two separate plants or “blocks”: the power plant and the oxygen plant.  Presently, the 

latter is a cryogenic air separation unit (ASU).  The key design decision is whether the two plants/blocks are closely 

integrated or not.  In the latter, simpler option, the only connection between the ASU and the power block is the O2 stream.  

While simpler and less costly to construct, maintain, and operate with higher RAM, this is the least efficient option.  For 

highest possible thermal efficiency, full integration of the two blocks, i.e., utilizing heat rejected from the ASU (from 

compressor inter- and aftercoolers) in the cycle recuperator is requisite (we will come back to this assertion later in the 

analysis).  Not surprisingly, this increase in efficiency comes with a high price tag (CAPEX and OPEX), complexity in 

both constructability and operability, and reduced RAM (almost always ignored in published analyses). 

The second design decision is closely tied to the first, i.e., whether to go with a simple recuperator (i.e., one hot stream 

– turbine exhaust – and one cold stream – recycled CO2 – with modest effectiveness) or a complex one with multiple 

streams (including O2 and/or inter- and after-cooler air (or coolants) from the ASU) and high effectiveness.  The objective 

is to deliver recycled CO2 and O2 to the combustor at the highest possible temperature to minimize fuel consumption.  Once 

again, high heat exchange effectiveness and cycle efficiency come at a high price tag, i.e., large heat transfer surface area 

as well as complexity in both constructability and operability. 

The third design decision is related to the delivery of O2 from the ASU to the combustor.  The simplest option is to 

compress the O2 from the battery limits of the ASU to the combustor inlet.  The size and power consumption of the O2 

compressor is a function of the ASU design and O2 production pressure.  One possible option (e.g., see Allam, 2013) is to 

mix pressurized O2 with recycled CO2 stream upstream of the CO2 pump.  This brings up a vital aspect (largely downplayed 

in the literature) of the oxy-fuel combustion sCO2 cycle, i.e., that the CO2 stream is not pure CO2 but a mixture of CO2, 

O2, argon, and some moisture depending on the purity of O2 from the ASU (99.5% purity is desired) and H2O removal 

effectiveness.  The raison d’être of sCO2 is to follow a quasi-isochoric pumping in the high-pressure dense fluid; and 

hence, increase net cycle power output.  Reduced O2 purity is beneficial from the perspective of parasitic power 

consumption of the ASU but harmful in terms of increased CO2 pumping power as well as the required number of pumps 

for this service.  With 99.5% O2, recycled CO2 purity is estimated at 97% (e.g., see Allam, 2013), which is confirmed by 

our heat and mass balance simulation models.  This corresponds to an oxygen-to-fuel mass flow ratio of about 4:1 (see 

Table 1).  If O2 is introduced upstream of the sCO2 pump, CO2 content of the working fluid drops to about 90%(v), which 

significantly impacts the hydraulic design and the required number of sCO2 pumps with substantially higher power 

consumption.   

It should be emphasized that we have not studied (nor do we have the wherewithal to execute such a study) the 

feasibility of the oxycombustion reaction under the conditions used in our cycle calculations.  For that, the reader can refer 

to the paper by Liu et al. (2012) reporting the findings of a numerical study of the basic combustion characteristics of 

oxycombustion at 17 and 40 bar using detailed chemical kinetic and thermodynamic equilibrium models.  The authors 

found that reaction zone structures were sensitive to the oxygen/diluent ratio in the oxidizer stream, its temperature, and 

the combustor pressure.  They concluded that, below a minimum oxygen/diluent ratio in the oxidizer flow, the flames 

cannot be sustainable.  According to the chart in Figure 6.6b of Liu et al. (ibid.), based on oxidizer stream temperatures 
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and O2 contents (see Table 4 below), our cases below would fall right in the middle of the blow-out region.  Stable 

combustion limit is 18-19% O2 (v), which would significantly lower CO2 content of recirculation flow below 97%(v).  

Plant Model 

A non-ideal cycle calculation is done in THERMOFLEX (a proxy for a bona fide plant performance model with OEM 

equipment models and full-blown FEED inputs for the BOP) with the following assumptions for the base cycle: 

- 1,150°C TIT, sCO2 turbine pressure ratio, PR = 10:1 

- 100% CH4 fuel gas available at 38 bar (550 psia) pipeline pressure 

- Near-stoichiometric combustion with 4% pressure loss and 99.7% burner efficiency; fuel injection pressure ratio 

is set to 1.4:1 

- CO2 condenser at 30 bar, sCO2 pump suction at 80 bar (700 kg/s of 97%(v) CO2) 

- 90% sCO2 turbine stage polytropic efficiency 

- Turbine cooling flows per Eq. (7) in the Appendix, 0.35/0.65 non-chargeable/chargeable flow fractions 

- 84% CO2 compressor polytropic efficiency (97.3% motor efficiency) 

- 85% sCO2 pump polytropic efficiency (97.3% motor efficiency) 

- Inter- and after-cooler gas exit temperature 25°C (via ambient coolant water at 15°C in open loop with circulation 

or “circ” pump) 

- Simple recuperator (1% heat loss, 5°C minimum pinch, 1%/4% pressure loss in the high- and low-pressure legs, 

respectively) with no ASU heat integration 

- 60-Hz (3,600 RPM) generator efficiency 98.95% (i.e., no gearbox – this design must ultimately be decided upon 

by the responsible OEM) 

- ASU operating at 5 bar (298.2 K) with intercooled MAC; 80 bar gaseous O2 (99.5% pure) at the battery limits 

- O2 compressed and mixed with recycled sCO2 at the pump exit and heated in the recuperator 

  In addition to the base case, two more cases are calculated: (i) 1,500 K TIT and (ii) complex recuperator with ASU 

heat integration.  A simplified base cycle schematic is provided in Figure 7.  Performance data of the three cases are 

summarized in Table 2.  Calculated performances are in rough agreement with those reported in Haseli and Sifat (2021), 

e.g., 48.4% for the base case vis-à-vis 44.1% herein (44.7% with aux load adjustment to be on the same basis as in the cited 

paper), which can mainly be attributed to component efficiencies used herein (see the Appendix) and simple recuperation.  

Increasing TIT by about 75 K is worth 1.4 net efficiency points.  Improvement in efficiency due to ASU heat integration 

in a multi-stream recuperator reported by the cited paper (HS2021 henceforth) is confirmed, i.e., +7.7 percentage points 

with ASU specific power consumption of 2,160 kJ/kg of O2 (17.4% of cycle fuel burn in LHV).  (In HS2021, however, 

Figure 7 Base oxy-fuel combustion sCO2 cycle (no ASU integration) 
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ASU penalty was reported as 1,850 kJ/kg of O2, equivalent to 14.8% of cycle fuel burn in LHV.)  The final number, 53.8% 

net LHV with aux load adjustment, is 4.4 percentage points lower than 48.4% + 7.7% = 56.1% reported in HS2021. 

Unfortunately, the heat balance simulation tool, THERMOFLEX, does not allow rigorous simulation of the cryogenic 

ASU.  Thus, the conventional ASU performance herein should be considered as an estimate based on intercooled MAC 

and O2 compressors determined by required 99.5% pure O2 flow (essentially at a ratio of 4:1 with reference to combustor 

fuel flow, see Tables 1 and 2) and specified pressures.  The case with ASU heat integration in Table 2 is thus run with a 

“black box” ASU consuming power at 17% of cycle fuel input (LHV).  The complex recuperator using heat from the ASU 

is also considered a “black box” with a combined duty 15.5% higher than the simple-recuperated case.  Heat transferred 

from the ASU to the recuperator, about 33 MWth, is roughly 54% of ASU power consumption.   

The following, additional observations are made to highlight the realism in the model: 

• Lower sCO2 pump inlet pressure of 53.65 bar (optimized in HS2021) is not feasible due to the recycled CO2 

composition (97%(v) CO2 in the gaseous stream) and other factors explained in the Appendix. 

• Pressure boundary between sCO2 compressor and pump is set to 80 bar, although astute engineering desire 

practice requires a higher value, i.e., 85 bar (see the Appendix). 

• State-of-the-art compressor pump technology requires two parallel, multi-stage units (see the Appendix) but for 

modelling ease, this has been not adopted.  (Calculated compressor/pump gas power, excluding motor losses, was 

about 10% higher than Tables 7 and 8 in the Appendix.) 

Key technology parameters of interest, i.e., cycle and technology factors, important temperatures, and mass flow rates, for 

the performances summarized in Table 2 are listed in Table 3. 
. 

 

Table 2 Representative oxy-fuel combustion sCO2 power plant 
performances with the sample model 

  BASE Higher TIT 
ASU  

Integration 

Fuel Burn, kWth (LHV) 476,913 494,812 388,752 

TIT, K 1,423 1,500 1,500 

Generator Output, kWe 346,553 363,718 352,414 

Motor 1 (Compressor) 39,965 39,965 39,965 

Motor 2 (Pump) 27,492 27,492 29,000 

Motors, fraction of Fuel Burn (LHV) 0.141 0.136 0.177 

Cycle Gross Output, kWe 279,096 296,261 283,449 

Cycle Gross Efficiency, % 58.52 59.87 72.91 

CO2 to Sequestration, kg/MWh 449.5 432.6 367.2 

Fuel Compressor, kWe 7,615 7,900 6,211 

O2 Compressor, kWe 

(O2 to Fuel Flow Ratio) 
8,766 
(4.07) 

9,058 
(4.05) 

incl. 
(4.02) 

ASU Power Consumption, kWe 
(Fraction of Fuel Burn LHV) 

49,351 
(0.103) 

50,943 
(0.103) 

67,500 
(0.174) 

 ASU, kJ/kg of O2 1,274 1,274 2,160 

Cycle Heat Rejection, kWth 295,186 299,134 271,933 

Cooling Water Circ Pump, kWe 1,476 1,496 1,360 

Miscellaneous (0.1% of Gross), kWe 279 296 283 

Transformers (0.35%), kWe 1,213 1,273 1,233 

Total Plant Aux. Load, kWe 
(Fraction of Gross) 

68,700 
(0.246) 

70,966 
(0.240) 

76,588 
(0.270) 

Net Plant Output, kWe 210,396 225,295 206,861 

Plant Net LHV Efficiency, % 
(with ACHR) 

44.12 
(43.19) 

45.53 
(44.62) 

53.21 
(52.16) 
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The BASE case summarized in Tables 2 and 3 should be representative of a first commercial plant based on 

oxycombustion sCO2 cycle with off-the-shelf equipment, including turbomachinery, major heat exchangers, and the 

cryogenic ASU, without complex design features and integration between major blocks.  Interestingly, on a gross or cycle 

basis, cycle performance implies a technology factor of 0.82 (excluding ASU heat integration), which is exactly equal to 

the average TF extracted from the published rating data for advanced class GTCC.  Before moving on, a caveat on plant 

heat rejection system is in order.  For rating performance purposes, a simple once-thru (open-loop) water-cooled 

configuration is adopted.  In other words, readily available water from a natural reservoir at 15°C is circulated through the 

plant heat exchangers by a circ pump.  In many places in the world, including the USA, this will not be a feasible option 

due to strict environmental regulations driven by water scarcity concerns.  An air-cooled heat rejection (ACHR) system 

will be necessary with significantly higher parasitic power consumption (roughly by 300%!).  In that case, the impact is 

0.91-1.05% (points) reduction net plant efficiency. 

 

Table 3 Key technical parameters of representative performances in Table 2 

  BASE Higher TIT 
ASU  

Integration 

TIT, °C 1,150 1,227 1,227 

O2 at combustor inlet, %(v) 8.846 9.051 7.597 

CO2 at compressor inlet, %(v) 96.97 97.01 97.04 

Ambient Temperature, °C 15 15 15 

METH, K 1,120 1,185 1,236 

METL, K (°C) 317 (44) 317 (44) 315 (42) 

Turbine Exhaust Temperature, K 968 1,017 1,019 

Turbine Exhaust Flow, kg/s 748 750 739 

CO2 Inlet (Coolant) Temperature, K 860 911 1,009 

Recuperator Approach Delta T, K 108 107 10 

Recuperation + ASU Heat, kWth 545,942 593,426 685,322 

Apparent Carnot Efficiency, % 79.75 80.79 80.79 

Effective Carnot Efficiency, % 71.71 73.22 74.48 

Cycle Factor 0.90 0.91 0.92 

Gross Cycle Technology Factor 
(TF from Eq. (6), Average TF from advanced GTCC) 

0.82 
(0.77, 0.82) 

0.82 
(0.78, 0.82) 

NA 
(0.78, 0.82) 

Net Plant Technology Factor  0.62 0.62 0.71 

ASU – to Integrate or not to Integrate? 

There are two conflicting objectives in ASU optimization in this type of cycle: 

• Minimize ASU parasitic power consumption to deliver O2 to the combustor at requisite quantity, purity, and 

pressure 

• Maximize heat generation in ASU compressor inter- and after-coolers (at the expense of higher parasitic power 

consumption) and transfer it to the recuperator to minimize the recuperator approach temperature delta. 

The numbers cited in the literature for conventional ASU is around 1,350 kJ/kg of O2, corresponding to about 11% of 

cycle fuel input (LHV), e.g., see Table 1 and Scaccabarozzi et al. (2016).  Our rigorous ASU model (in ProMax 5.0) 

confirmed this number (see the Appendix).  The number calculated by the ASU component in THERMOFLEX model 

library is 7% lower at about 1,275 kJ/kg of O2 (see Table 2).  It should be noted that one study, by Sifat and Haseli (2018), 

came up with a significantly higher value, i.e., 2,066 kJ/kg of O2 or about 17% of cycle fuel input (LHV) in Table 1 (details 

of the ASU design, e.g., a flowsheet simulation, is not provided in the cited work).  This number is 50% higher than the 

more common number in Table 1 and is 12% higher than that in the more recent paper by the same authors (HS2021).  In 

the light of our findings, we did not have a reason to investigate this discrepancy further. 
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As noted earlier, a “black box” ASU plus complex recuperator model at 2,160 kJ/kg of O2 (about 33 MWth heat from 

the ASU with parasitic power equivalent to 17.4% of fuel LHV input) provided 7.7% (points) efficiency boost to 53.2% 

(net LHV).  Interestingly, if we use the ASU power consumption from HS2021, i.e., 1,850 kJ/kg of O2 or about 15% of 

cycle fuel input, net plant thermal efficiency increases to 55.7% (or 56.3% with aux load adjustment), which is in good 

alignment with the corresponding number in HS2021, i.e., 56.1%, but implies a heat integration benefit of 10 percentage 

points.  To investigate this discrepancy and settle on a rigorously determined performance delta due to heat integration with 

the ASU, we conducted a study using a chemical process flowsheet simulation model (see the Appendix).  Those runs 

confirmed the ASU power consumption and heat export numbers (used in THERMOFLEX with black box components) 

with rigorous heat exchange and process modelling.  Our conclusion is that, with a complex recuperator and some (but not 

to the maximum) level of heat import from the ASU, a performance delta of +7.7% (points) over the base case with a simple 

recuperator can be used as a good rule-of-thumb (subject to a rigorous performance-cost trade-off in a FEED study). 

However, the picture becomes readily clear from a high-level study, summarized in Table 4.  Fundamental analysis in 

the preceding section clearly demonstrated the worth of maximizing METH via approaching perfect (in practice, of course, 

impossible) recuperation.  A simple recuperator (essentially, a counter-flow heat exchanger) cannot do that (see the first 

two cases in Tables 2 and 3).  The remedy relies upon two mechanisms: (i) a complex recuperator (referred to as economizer 

by some investigators) with multiple streams (e.g., see Figure 6 in Scaccabarozzi et al., 2016) and (ii) external heat supply, 

in this case from the ASU.  To differentiate between the impact of these two mechanisms, we added a case between second 

and third cases in Tables 2 and 3 above.  Key findings are summarized in Table 4. 

 

Table 4 Complex, multi-stream recuperator and heat import from the ASU 

 Simple 
Recuperator 

Complex 
Recuperator 

Complex 
Recuperator + ASU 

Heat 

Recuperator Approach Delta 
T, K 106.5 44.0 10.0 

Fuel Burn BASE - 14.1% - 21.4% 

O2 Flow BASE - 14.1% - 21.4% 

Cycle /Gross Output BASE - 3.0% - 4.3% 

Cycle /Gross Efficiency BASE + 7.7% pts + 13.0% pts 

ASU Power Consumption BASE - 14.0% + 32.5% 

Net Plant Output BASE 0.0% - 8.2% 

Net Plant Efficiency BASE + 7.5% pts + 7.7% pts 

 

The information in Table 4, unambiguously and incontrovertibly, lays the myth of advanced ASU for maximum Allam 

cycle efficiency to rest.  The key contribution comes from a multi-stream heat exchanger design to heat recycled CO2 and 

oxygen with minimal pressure loss and maximum heat recovery from the hot sCO2 turbine exhaust.  Such a design requires 

extremely tight pinch points and approach temperature deltas leading to a complex structure (plate-frame, printed-circuit, 

and/or other) and large heat transfer area.  (Actual hardware design is outside the scope of the present study.)  To have a 

meaningful impact on the recuperator performance, heat energy from the ASU compressors must come at high 

temperatures, which necessitates the elimination of intercoolers and increasing compression pressures (e.g., up to 80 bar 

with booster air compressors) at the expense of increased parasitic power consumption (even with reduced O2 flow).  This 

is patently obvious in the data presented in Table 4.  The gain via improved recuperator performance is largely offset by 

ASU power consumption.  Indeed, as claimed in the literature, the net impact is slightly positive, but it is highly unlikely 

to justify the added cost and complexity. 

Competition 

According to the GTW 2021 Handbook, advanced class GTCC ISO base load rating efficiencies, in both 50- and 60-

Hz, are well above 60% net LHV, with the best-in-class (1,700°C TIT class) at about 63-64% (see Table 5).  Equipped 
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with PCC, one should factor in about 15% drop in output with respect to non-capture basis.  In other words, for a 750 

MWe, 62% net LHV (ISO base load) GTCC, including PCC would reduce the net output by 112.5 MWe and the efficiency 

would drop by 9.3 percentage points.  This evaluation is based on compression of captured CO2 to about 150 bar.  To bring 

it to the same basis as the sCO2 oxycombustion plant with about 30 bar CO2 at the plant battery limit, the penalty would 

be 0.5 percentage points less, i.e., 8.8 percentage points, to bring the GTCC + PCC plant efficiency to 53.2% net LHV 

(48% net HHV).  The corresponding numbers for a 64% net LHV (ISO base load) GTCC are 54.9% (LHV) and 49.5% 

(HHV). 

 

Table 5 GTW 2021 Handbook combined cycle performance data (in 
1x1x1 configuration, i.e., one gas turbine and one steam turbine 

connected via heat recovery boiler) 

  60 Hz 50 Hz 

OEM Output, MW 
Efficiency,  

% LHV Output, MW 
Efficiency,  

% LHV 

A 520 62.3 760 62.6 

B 648 63.9 848 64.1 

C 632 > 64.0 843 > 64.0 

D 595 > 63.0 870 > 63.0 

 

As demonstrated by a rigorous fundamental and realistic analysis presented herein (to the extent possible at such an 

early stage of technology development with scant data from the OEMs), sCO2 with oxycombustion (with built-in CO2 

capture capability) is unlikely to reach efficiencies above 52% net LHV (ISO base load with an ACHR system).  Extensive 

heat integration with ASU compressors can certainly improve the overall plant efficiency as confirmed in this study as well 

but not to the claimed 59+% level (net LHV).  Apart from the fact that the authors could not substantiate the high-end 

claims made in the literature, there is the quite real prospect that keeping the power and oxygen plants separate from each 

other is most likely the only way to a successful field implementation of the technology.  As discussed in detail by Barnes 

(2013), a high degree of interaction, especially between the gas turbines and the ASU, was the main source of operability 

problems encountered during plant start-up, commissioning, and early years of operation in commercial IGCC plants (e.g., 

Puertellano in Spain).  Lengthy start-up times and long plant stabilization periods, up to five days, led several operators to 

the conclusion that a start-up air compressor was needed for the ASU.  The reader is cautioned that the ASU-GT integration 

in IGCC via diluent N2 supply to the GT combustor for NOx control is an order of magnitude simpler in layout, piping, 

and operability vis-à-vis to the extremely complex schemes proposed for the Allam cycle in the literature examined herein. 

CONCLUSIONS 

Semi-closed supercritical CO2 power cycle with its high cycle efficiency and inherent CO2 capture feature (without a 

complex and costly chemical process plant) is certainly a leading candidate for net-zero-carbon electric power generation.  

The variant of the cycle in the most advanced stage of development (TRL 6) is the Allam (also referred to as Allam-Fetvedt) 

cycle with advertised 59% (net LHV) thermal efficiency.  While the literature abounds with academic exercises professing 

to substantiate this performance claim or, at least, not that far from it, i.e., in mid-50s, rigorous fundamental thermodynamic 

analysis by the authors, supported by detailed flowsheet simulations, is unable to validate performances beyond 52% net 

LHV (about 47% net HHV – see Tables 2-3).  At that performance level, or even a few percentage points above that, e.g., 

~55% net LHV (~50% net HHV – see Table 7) with optimal ASU design and tight ASU-power block integration, the Allam 

cycle is unlikely to be a credible competitor to natural gas fired GTCC with advanced H or J class gas turbines and post-

combustion capture.  The most that one can expect is parity in terms of efficiency (a big “if” considering the large gap 

between the technologies in terms of maturity) as illustrated by the numbers in Table 6.  

Having said that, when a project with highly favourable site conditions, e.g., freely available O2 from an existing 

cryogenic plant (highly unlikely at that capacity, i.e., nearly 80,000 Nm3/h of 99.5% pure oxygen), flexible economic 

criteria, and attractive incentives materializes, there might be an opportunity for a base design with off-the-shelf equipment 

and minimal complexity.  (Base plant performance becomes 260 MWe at 54.5%/49.1% net LHV/HHV (53.5%/48.2% net 

LHV/HHV with an ACHR system) if the ASU parasitic loss is taken out.) 
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Table 6 Quick comparison of technologies (OFC: Oxy-fuel combustion); efficiencies in % LHV 

 Configuration OFC sCO2   Configuration GTCC 

Base with OT-OL 44.12  Iso Base Load Rating (LHV) 64.0/62.0 

With ACHR 43.19  ISO Base Load with ACC 63.5/61.5 

External O2 supply 53.54  
With PCC (CO2 compressed to 30 bar) 54.48/52.78 

TIT = 1,500 K 54.92  HHV Basis 49.12/47.59 

ASU Integration (2160 kJ/kg of O2) 52.16    

ASU Integration (1,850 kJ/kg of O2) 54.67    

HHV Basis 49.30    

 

In this paper, the authors have deliberately stayed away from calculating CAPEX, OPEX, and/or LCOE numbers for 

a technology that can be deemed (at best) to be at TRL 6.  This can only be done after an in-depth (at least 24-months) 

FEED study by a credible EPC contractor with full cooperation of all major equipment OEMs.  Nevertheless, others have 

certainly attempted that.  One example is presented in Figure 8 (from a presentation at the ASME IGTI 2019 Turbo Expo 

– Future Power Systems Session (unpublished), by Richard Dennis, Technology Manager, Advanced Turbines and SCO2 

Power Cycles Programs, U.S. DOE NETL, Phoenix, AZ, June 18, 2019).  The chart speaks for itself.  If anything, in this 

paper, the authors have been more generous to the oxycombustion sCO2 technology than the US DOE’s NETL. 

Finally, let us close the paper with a table that leaves no room for proverbial “ifs, ands, or buts”.  The analysis presented 

above can be argued until (again, the proverbial) bovines come home.  “You did this, but not that, assumed this, but not 

that, what about this, what about that, so on and so forth.” Such arguments are unambiguously brushed aside by the 

fundamental considerations summarized in Table 7 (outlined in detail in the Fundamental Analysis section).  QED.  

 

Figure 8 Comparison of different technologies for carbon-free power 
generation from coal and natural gas.  (GE and Shell refer to the gasifier 
technologies; AHT: Advanced Hydrogen Turbine, THT: Transformative 
Hydrogen Turbine, NG: Natural Gas, coal used in calculations is Illinois 
#8.  Supercritical CO2 (sCO2) cases use Shell gasifier technology and are 
based on the Allam cycle.) 
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Table 7 Fundamental thermodynamic analysis of oxycombustion, sCO2 cycle (TIT = 1,500 K, Pr = 
10.9:1); efficiencies in % LHV 

Conventional Carnot Efficiency 80.80 

Equivalent Carnot Efficiency 

Air-Standard Cycle in Figure 2 ( = 1.18) 77.10 

Ideal Cycle (Figure 3 – with added intercooling) 65.30 

State-of-the-Art  (TF = 0.782/0.82) 60.29/63.22 

Including Aux. Loads (no ASU) 57.85 

Including Aux. Loads (with ASU) 46.66 

Complex Recuperation + ASU Integration, +7.7% (points) 54.36 

HHV Basis 49.02 

ACRONYMS 

ACC = Air-Cooled Condenser (steam condenser) 

ACHR = Air-Cooled Heat Rejection (e.g., fin-fan coolers, dry cooling tower, etc.) 

ASU = Air Separation Unit (Cryogenic) 

BAC = Booster Air Compressor (ASU) 

BOP = Balance of Plant 

CC = Combined Cycle 

DOE = United States Department of Energy 

EOS = Equation of State 

EPC = Engineering, Procurement & Construction 

ERCOT = The Electric Reliability Council of Texas, Inc. 

FEED = Front-End Engineering Design 

FOAK = First-of-A-Kind 

GTCC = Gas Turbine Combined Cycle 

GTW = Gas Turbine World (a leading trade publication) 

IGCC = Integrated Gasification Power Plant 

LCOE = Levelized Cost of Electricity 

LHV = Lower Heating Value (about 50,000 kJ/kg for methane) 

HHV = Higher Heating Value (about 11% higher than LHV for methane) 

HRSG = Heat Recovery Steam Generator 

ISO = The International Organization for Standardization 

MAC = Main Air Compressor (ASU) 

METH = Mean-Effective (Logarithmic Average) Cycle Heat Addition Temperature (K) 

METL = Mean-Effective Cycle Heat Rejection Temperature (K) 

MW = Molecular Weight, kg/kmol 

NETL = National Energy Technologies Laboratory 

NPSH = Net Positive Suction Head 

OEM = Original Equipment Manufacturer 

OT-OL = Once-Thru, Open-Loop (heat rejection system with water as coolant) 

PCC = Post-Combustion CO2 Capture 

PR = Pressure Ratio (Cycle or Turbine) 

RAM = Reliability, Availability, Maintainability 

TF = Technology Factor (see Eq. (6)) 

TIT = Turbine Inlet Temperature (°C or K) 

TRL = Technology Readiness Level 
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APPENDIX 

Turbine Cooling Flow 

In terms of turbine inlet temperature (TIT), currently proposed oxycombustion sCO2 cycles (e.g., the Allam cycle) are 

comparable to vintage D class gas turbines (nominally, 1,200°C or 2,192°F).  Depending on the materials used for 

manufacturing the hot gas path components, at least the first turbine stage (stator and rotor) requires cooling.  Prior 

experience from the now-obsolete D and E class (1,300°C TIT) suggests that, as a fraction of turbine inlet hot gas flow, 

chargeable (downstream of stage 1 rotor (S1R) inlet) and nonchargeable (upstream of S1R inlet) flows should amount to 

about 20% (sum of both).  Nevertheless, due to the significant difference in fluid properties at requisite high pressures (300 

bar or higher), confirmation with rigorous calculations is required.  This has been done by Scaccabarozzi et al. (2016) using 

the cooled expansion model of El-Masri (1986).  Their model can be represented by the following transfer function 

 
=   

 
0.0533 exp 1.9542

1000

c c

t

m T

m
,      (7) 

where the left-hand side is the fraction of cooling (subscript c) and turbine inlet (subscript t) flows, and Tc is the coolant 

temperature in °C.  Equation (7) represents a curve-fit to the data (from the authors of the cited paper via private 

communication) covering the Tc range 200-500°C and assuming 860°C allowable blade metal temperature for TIT = 

1,150°C (at 320 bar turbine inlet pressure).  Detailed model description, development, and parameters can be found in the 

https://www.nist.gov/srd/refprop
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cited paper (ibid.).  For a more detailed discussion of turbine design, construction materials, and cooling scheme 

(convection cooling), refer to the paper by Allam et al. (2013). 

Trans-critical CO2 Compression/Pumping 

There are several challenges involved in calculation of trans-critical compression and/or pumping of CO2 from turbine 

discharge conditions (around 30 bar, subcritical) to turbine inlet conditions (above 300 bar, supercritical).  (All pressures 

are absolute, not gauge.)  They can be summarized under two headings: real gas behaviour and the sharp change in 

magnitude in thermo-physical and transport properties in the vicinity of the critical point.  Thermodynamic properties 

determine the feasibility of a given process, while the transport properties have a major impact on sizing of the equipment.  

Addressing these challenges requires the use of a real gas equation of state (EOS) in calculations.  (In this work, we used 

the REFPROP package for property calculations in THERMOFLEX models.)  For an in-depth discussion of the 

ramifications of property changes near the critical point, the reader is referred to the paper by Taher (2022).  As an example, 

with as small as a 0.5 bar change in pressure at 80 bar and 35°C, compressibility factor, Z, and specific heat, cp, of CO2  

change by more than 7.4 and 29.6%, respectively.  Consequently, not being cognizant of such deviations in working fluid 

behaviour between suction and discharge conditions can significantly impact the performance of heat exchangers, control 

valves, flow metering equipment, and fluid machinery near the critical point. 

 

 
Figure 9 Polytropic compression pathways I and II on the pressure-enthalpy diagram. Pathway 
I includes two stages of compression from 30 bar in gas phase to 86 bar in supercritical 
phase. Hot gas at the discharge of the compressor is cooled down to 25°C and enters to CO2 

pumps at 85 bar. Pathway II includes two multi-stage, centrifugal pumps in series which 
increase the pressure for 85 bar to 320 bar. 

Under the light of the discussion above, the optimum configuration for the overall (trans-critical) compression process 

in the Allam cycle as well as similar sCO2 cycles is based on the following compression pathways: 

Pathway I (Trans-critical compression from 30 bar to 86 bar) 

This pathway includes increasing the pressure from 30 bar to an intermediate supercritical pressure of 86 bar using a 

multi-stage compressor. The intermediate pressure of 86 bar provides a sufficient distance (i.e., margin of safety) from the 
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region where supercritical CO2 exhibits anomalous behaviour as described above. An aftercooler is required at the 

discharge of the compressor to cool down hot supercritical CO2 to dense phase conditions at 86 bar and 25°C. 

Pathway II (Dense fluid CO2 pumping from 85 bar to 320 bar)    

Multi-stage centrifugal pumps are used in pathway II to increase the pressure from 85 bar at 25°C to the final pressure 

of 320 bar. Increasing the pressure of dense fluid CO2 from 85 bar to 320 bar is not a quasi-isochoric process and involves 

a considerable change in density. The inlet temperature at 85 bara must be carefully selected as it determines the change of 

density along the compression path, which impacts the overall hydraulic performance and rotordynamic behaviour of the 

multi-stage dense fluid CO2 pumps. 

Polytropic compression pathways I and II are shown on the pressure-enthalpy diagram in Figure 9.  Calculations of 

compression efficiency and work are done using Taher-Evans cubic polynomials method (Taher and Evans, 2021; Taher, 

2021). 

Pathway I: CO2 Compression (From 30 bar to 86 bar) 

The total mass flowrate of 700 kg/s (39,319 m3/hr at 30 bara and 25°C) is evenly divided between two centrifugal 

compressors. Each compressor is comprised of two stages. The compression pathway I remains to the right of the two-

phase dome on the pressure-enthalpy diagram. The centrifugal compressor is equipped with inlet guide vanes (IGVs) to 

cover the specified operating envelope.  Salient performance features of each compressor stage are listed in Table 8. The 

polytropic efficiency of each compressor stage is set at 84%.   As shown in Table 8, the ratio of real and ideal values of 

heat capacities difference, (𝑐𝑝 − 𝑐𝑣) 𝑅⁄ , can be used as a criterion for estimating the departure from the ideal-gas model 

(Taher, 2019).  

 

 

Table 8 Stage-by-stage performance of Pathway I (REFPROP) 

 Stage 1 Stage 2 

 Inlet Discharge Inlet Discharge 

Pressure, P [bar] 30 52 51.5 86 

Temperature, T [°C] 25 72.1 72.1 121.0 

Specific Enthalpy, h [kJ/kg] 474.4 507.3 507.8 543.2 

Specific Entropy, s [kJ/kg-K] 2.020 2.037 2.039 2.055 

Compressibility Factor, Z 0.831 0.827 0.829 0.833 

(𝑐𝑝 − 𝑐𝑣) 𝑅⁄  2.25 2.35 2.33 2.44 

𝐸 = (𝜕𝑇 𝜕𝑠⁄ )𝜂𝑝
 1597 1769 1776 1935 

Polytropic Efficiency, 𝜂𝑝 [%] 84 84 

Polytropic work, 𝑤𝑝 [kJ/kg] 27.67 29.71 

Mass Flowrate, [kg/s] 350 350 

Volumetric Flowrate, [m3/hr] 19,659 13,233 

Compressor gas power, [kW] 9,684 10,398 

 

Carbon-ring or dry gas seals both have been successfully used for CO2 centrifugal compressors in the range of 30 to 

86 bar. Current state-of-the-art dry gas seals can improve the compressor performance by reducing gas leakage.  A properly 

designed conditioning skid per API 692 (2018) is required for dry gas seals. These large centrifugal compressors should 

be carefully matched with their synchronous motor drivers (Taher et al., 2020). 

Pathway II: CO2 Pumping (From 85 bar to 320 bar) 

The selection of a multi-stage centrifugal pump for a CO2 dense-phase application is constrained by the overall 

compressibility (i.e., volume reduction), length of the rotor (number of impellers), impeller flow coefficient (flowrate, 

speed, and geometry of the impeller), and sealing system. The combination of the large flowrate of 700 kg/s and the high 

differential pressure of 235 bar (from 85 bara to 320 bara) requires two strings of multi-stage centrifugal pumps operating 
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in parallel to deliver the total flowrate of 700 kg/s. Also, each string is comprised of two API 610 BB5 pumps in series.  

Using variable frequency drives, the speed of pumps can be adjusted to maintain the high efficiency across the operating 

range.  The first pump in the string increases the pressure from 85 bara to 200 bara and the second pump will further 

increase the pressure to 320 bara.  The intermediate pressure of 200 bara is chosen to ensure that power is distributed as 

evenly as possible between the two pumps.  Salient performance features of multi-stage centrifugal pumps are as listed in 

Table 9. The polytropic efficiency of each multi-stage centrifugal pump stage is set at 85%.  The large differential pressure 

in CO2 dense phase results in a high change of density (i.e., large overall compressibility) and impacts on the hydraulics 

and selection of dense fluid CO2 pumps (Taher, 2022). As shown in Table 9, the change in CO2 density from the inlet to 

the discharge is 6.28 and 4.04 percent for the first and second pumps, respectively. Impurities in a CO2-rich mixture can 

have a significant impact on the overall compressibility, which affects the hydraulic design and the required number of 

pumps in series. 

 

Table 9 Stage-by-stage performance of Pathway II (REFPROP) 

 Pump 1 Pump 2 

 Inlet Discharge Inlet Discharge 

Pressure, P [bar] 85 200 200 320 

Temperature, T [°C] 25 40.2 40.24 52.7 

Density ρ, [kg/m3] 789.0 838.5 838.5 872.4 

Specific Enthalpy, h [kJ/kg] 261.0 277.6 277.6 294.1 

Specific Entropy, s [kJ/kg-K] 1.193 1.201 1.201 1.209 

(𝑐𝑝 − 𝑐𝑣) 𝑅⁄  12.40 7.09 7.09 5.52 

𝐸 = (𝜕𝑇 𝜕𝑠⁄ )𝜂𝑝
 608 931 928 1114 

Polytropic Efficiency, 𝜂𝑝 [%] 85 85 

Polytropic work, 𝑤𝑝 [kJ/kg] 14.10 14.10 

Head (ΔP/ρaverage), [m] 1,442 1,431 

Mass Flowrate, [kg/s] 350 350 

Volumetric Flowrate, [m3/hr] 1,597 1,503 

Polytropic power, [kW] 5,804 5,774 

 

The low viscosity (about 0.09 to 0.1) of dense fluid CO2 affects the rotordynamic behaviour of CO2 pumps due to 

lower stiffness/damping of fluid annular seals, especially as running clearances of wear rings increase. The use of swirl 

brakes and non-metallic wear rings can be considered as a possible solution (Taher, 2022).  Factory performance testing of 

CO2 pumps is usually performed with water. The kinematic viscosity of water is significantly higher (i.e., 7-10 times) than 

that of specified conditions for CO2 pumps in pathway II.  In the absence of a published performance test code that covers 

performance testing of dense fluid CO2 pumps, special attention must be given to define permissible deviations and 

performance tolerances for testing a CO2 pump with water (ibid.).  

Air Separation Unit (ASU) 

Turbomachinery Considerations 

The combination of high flowrate and high differential pressure for the cryogenic O2 service makes it a challenging 

design. A minimum number of two API 610 multi-stage centrifugal pumps in series are required to achieve the high 

differential pressure of nearly 300 bar. The first pump increases the pressure from 1.25 to 150 bar, and the second pump 

elevates the pressure to the final discharge pressure of 300 bar. The first pump can use an inducer to minimize the required 

NPSH, also a booster pump may be used to increase the available NPSH.  The polytropic efficiency of each multi-stage 

centrifugal pump is set at 80%.  Design, manufacturing and testing of these cryogenic, centrifugal pumps will be 

challenging as there are only few centrifugal pump manufacturers, which have experience with cryogenic oxygen 

centrifugal pumps. Another option for these cryogenic high-pressure O2 pumps, is to use reciprocating (i.e., piston-
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cylinder) pumps.  Maximum flow limit of reciprocating pumps will result in using large number of pumps in parallel to 

deliver the specified flowrate of 35 kg/s (1,860 l/min) for this service.    

A two-stage radial inflow gas expander driving a generator is used to expand air from about 80 bar to 1.2 bar. The 

isentropic efficiencies of the first and second stage are set at 85% and 83% respectively. Variable inlet guide vanes are 

used to maintain a fixed speed at the generator coupling. The expander-generator should be designed, manufactured, and 

tested per API 617 (2022) Chapter 4, Appendix D. 

System Design – Best Fit 

There are many possible configurations for an ASU. The configuration depends on the type and quality of products 

required. The configuration might be as simple as a two-column system to recover O2, or as complex as a multi-column 

configuration to recover high purity O2, N2, and Ar, or even Ne, He, Kr, and Xe. One simple variation is a two-column 

system based on Cockett and Smith (1975) with an argon recovery column as a side column of the upper column as shown 

in Figure 10. 

 

 
Figure 10 Cryogenic ASU – the double-column version of the Linde process (Cockett and Smith, 1975) 

 

In this double-column version of the Linde process, the total condenser of the higher-pressure lower column drives the 

reboiler of the lower pressure upper column. The condenser and reboiler are linked via an energy stream. (Nitrogen could 

not be condensed by cooling against liquid O2 in the upper column reboiler at equal pressures since the normal boiling 

point of N2 is lower than that of O2.)  The upper column operates at 1.7 bar while the lower column operates at 6.21 bar. 

The argon side column (ASC) configuration allows for higher purity and higher recovery of an O2 product, as well as a N2 

product and an Ar product.  Complexity of operation and equipment cost could make this or an even more complex design 

infeasible for large scale operation due to equipment costs and complexity of operation.  
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A simpler configuration which could be suitable for power generation integration is shown below as based on Figure 

1 from HS2021 with a modification from Figure 1 of Allam (2009). The unit provides supporting calculations for the ASU 

assumptions in this paper and was modelled using ProMax® 5.0 simulation software, with the thermodynamic property 

package GERG-2008 EOS.  This property package has a limited number of components and is significantly more complex 

than Peng-Robinson or SRK EOS.  It is generally considered to be more accurate than either of those EOS models for this 

and other types of cryogenic applications. The ASU specifications for this unit are assumed to be an O2 product containing 

about 99.5%(v) O2 with maximum O2 recovery from the air, in this case about 85%. 

 

 
Figure 11 Cryogenic ASU – similar to that proposed in HS2021 

The ASU in Figure 11 does not include an ASC on the upper, low-pressure column, therefore, the recovery is not as 

high as in the previous example: 85.1% recovery vs. 98.7% recovery with the ASC.  If the O2 product is 99.5% pure for 

either case, the balance will be Ar.  Unrecovered O2 is lost to the N2 waste stream.  In this model the ASU heat of 

compression from both the main air compressor (MAC) and the booster air compressor (BAC) is integrated with the power 

cycle to provide heat to the power block’s recuperator (the economizer), increasing the cycle efficiency.  

Process Description 

The air feed conditions at the MAC inlet are atmospheric at 288 K.  The MAC is a two-stage compressor with interstage 

pressure of 2.4 bar and no interstage cooling.  The compressed air at 5.5 bar is sent to the economizer of the power cycle 

where the hot air at 517 K provides heat to the economizer and is cooled to 318 K. The air is further cooled from 318 K to 

290 K in the air cooler (crossflow heat exchanger) with the N2 waste stream from the ASU providing the cooling.  After 

leaving the adsorption system, where impurities such as CO2 and water are removed (modelled as a divider for simplicity), 

47% of the air is compressed to 80 bar in the BAC and 53% of the air is not compressed further but fed at 5.1 bar to the 

lower, high-pressure column. This modification is adopted from the paper by Allam (2009).  If all air is sent to the BAC, 

ASU power consumption would be very high, and another turbine would be required to reduce the pressure such that there 
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would be at least some vapor feeding the lower column. This vapor feeding the lower column should be at its dew point, 

98.65 K at 5.1 bar, but if boosted to 80 bar, the temperature out of the main heat exchanger (MHE) would be much higher 

than 98.65 K.  

The BAC is a three-stage compressor with no intercooling.  Instead, the heat from the aftercooler is recovered and 

used for heating in the power block economizer. The BAC first stage pressure is 12.5 bar, second stage pressure is 32 bar, 

with aftercooler temperature about 314 K. The 80-bar compressed air stream is split and enters the MHE.  This inlet split 

in the simulation is the equivalent of splitting the stream within the cold box.  In this case 35.5% of the air is cooled to 250 

K in the MHE and sent to the turbine where the pressure is reduced to 1.2 bar in two stages, then fed to stage 15 of the 

upper low-pressure column.  The remainder of the air is cooled to 113 K in the MHE and then expanded to 1.2 bar in a 

Joule-Thompson valve to be fed to stage 8 of the upper, low-pressure column. The split to the turbine affects the O2 

recovery and purity.  More flow to the turbine increases the O2 purity at the expense of O2 recovery. In a similar manner, 

more flow diverted around the BAC increases the O2 purity at the expense of O2 recovery.  

The upper column operates at 1.2 bar while the lower column operates at 5 bar. The upper column is modelled using 

50 ideal stages with feeds from the turbine on stage 18 and the subcooler on stage 15.  The lower column has a reflux ratio 

of 1.2 (54.55% of the reflux is returned to the column while 45.45% is subcooled and feeds stage 15 of the upper column). 

The liquid O2 product from the bottom of the upper column is pumped to 300 bar in two stages and then heated in the 

MHE. This 99.5%(v) supercritical O2 stream is then fed to the power cycle combustor along with the fuel and the recycled 

CO2. With the turbomachinery performance specifications outlined above, the ASU power consumption, which includes 

MAC, BAC, turbine, and O2 pump stage 1, is calculated to be 2,139.3 kJ/kg of O2 recovered. Oxygen recovery is 85.1% 

at a purity of 99.6%(v). 

Multi-Sided Heat Exchangers 

Multi-sided heat exchangers are most common in cryogenic service as brazed aluminium plate-fin heat exchangers. 

This type of heat exchanger would be used as the MHE in this ASU model. When MHEs are modelled, there could be an 

impossible temperature cross, or negative temperature approach inside the exchanger as predicted by the simulator. These 

negative pinch points obviously do not exist in practice since the exchanger temperatures are determined by the exchanger 

geometry.  In simulation, the execution might continue with a warning about a close or negative pinch or approach and this 

warning should be heeded and steps taken to remove the temperature pinch and obtain a reasonable temperature approach 

throughout the exchanger. If no pinch points exist, the MHE could in theory be designed to work as required given adequate 

heat transfer area.  In any exchanger with phase change in any of the sides, especially in MHEs, there could be internal 

pinch points.  Although the minimum end approach temperature delta might be a positive number, the minimum effective 

approach temperature delta might be a lower number, even negative, which indicates an internal pinch.  (This must be 

rigorously checked at the end of a simulation run using detailed model outputs – ProMax warns when negative internal 

pinch occurs – before concluding that the results represent a physical possible design.)  If an existing or new MHE design 

is to be analysed, the rating (i.e., fully specified geometry and heat transfer surface area) must be examined to determine 

whether the MHE will work in practice. Without specifying the geometry, the outlet temperatures and approach 

temperatures are strictly theoretical. 

Investigation of ASU-Power Block Heat Integration Options 

The power consumption for the ASU configuration with the ASC shown in Figure 10 is around 1,300 kJ/kg (360 

kWh/t) while the power consumption for the ASU which includes the BAC heat integration with the power cycle is about 

2,139 kJ/kg (595 kWh/t). The main difference between the two examples is the absence of the energy intensive BAC for 

the first case with the ASC. Further, O2 recovery is much higher when using the ASC and more stages in the main columns. 

It is widely claimed that the more complex ASU with 65% higher power consumption helps the overall plant performance 

(efficiency) via increased heat integration between the ASU “coolers” and the power block “economizer”.  To assess this 

claim, the ProMax model of Figure 10 is expanded to include the “power block” of the oxycombustion sCO2 cycle.  Key 

ProMax model findings are summarized in Table 10, which is intended as a verification of data presented in Tables 2 and 

3 in the main body of the paper.  There is no doubt on the favourable impact of a tight economizer design to squeeze the 

maximum heat from the hot sCO2 turbine exhaust and get help from the ASU as well via heat rejected in compressor inter- 

and aftercoolers.  However, we could not confirm that one needs an overtly complex ASU design with excessive heat 
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generation (via elimination of MAC and/or BAC intercoolers) to accomplish the objective.  The positive impact on the 

cycle (gross) efficiency can be more than offset by increased parasitic power consumption in the ASU.  We are not claiming 

that we explored the design space fully (e.g., maybe one case with modest ASU heat integration) to arrive at an optimum.  

However, the conclusion arrived at in the main body of the paper via fundamental calculations and first principles is 

confirmed.  A realistic (cost-effective) oxycombustion, sCO2 cycle-based power plant with inherent carbon capture 

capability can only have a chance at commercially successful deployment with a simple and clean design. 

 

Table 10 ProMax model results 

  
Simple 

Economizer 
No ASU Heat 
Integration 

With ASU Heat 
Integration 

TIT, K 1,500 1,500 1,500 

Turbine Coolant, K 910 885 885 

Economizer Approach T, K 115.4 64.2 6.5 

Heat Consumption, LHV kWth 562,678 523,096 466,246 

Gross Efficiency 60.54% 66.25% 73.14% 

Gross/Cycle Output, kWe 306,692 312,042 307,049 

ASU Power Consumption, kWe 52,892 49,174 72,147 

ASU Heat Export to Economizer, kWth 0 0 69,674 

Net Output (Gross minus ASU), kWe 253,800 262,868 234,902 

Net Efficiency 45.11% 50.25% 50.38% 
 

Key ASU parameters for the two cases in Table 10 are listed in Table 11 (on the next page).  Air inlet rates and O2 

product rates are different due to the higher MHE efficiency with heat integration and lower recovery of O2 in the ASU.  

Less fuel and therefore less O2 was required for the heat integrated case. A higher air feed rate to the ASU was required 

for the heat integrated case since the O2 recovery was 85.1% (98.7 % for the case with no heat integration).  The most 

significant difference between the two models with respect to power consumption is the BAC used for the heat integrated 

case.  Without heat integration, the BAC is not required to achieve 99.6 mole % O2.  The main reason to boost the air to 

80 bar is to use the heat of compression to increase the external heat supply to the MHE for higher recycled CO2 temperature 

at the combustor inlet (i.e., less fuel consumed in the combustor for the same TIT).   However, the improvement in power 

block efficiency is counter-balanced by higher power consumption in the ASU. 

Impurities in the Power Cycle Recycled CO2 

The Allam cycle was modelled in ProMax for the heat integration case to compare to results obtained by other means 

and to analyse the economizer performance. Since the O2 stream feeding the combustor is 99.6%(v) O2 and 0.4%(v) Ar, 

the CO2 stream exiting the turbine and recycling as coolant to the combustor and turbines is not pure CO2, but only 

97.4%(v) CO2 with 0.83% Ar, 1.53% O2, and 0.26% H2O, and trace amounts of CO and H2. This composition was 

calculated from a Gibbs free energy minimization reaction in the reactor (i.e., the oxy-fuel combustor). These components 

should be accounted for in the analysis of the CO2 recycle loop because the bubble point of the mixture is much higher at 

290 K than pure CO2 meaning that the outlet pressure of the CO2 compressor is limited by the bubble point of the stream. 

If the CO2 stream pressure is below the bubble point pressure, it will not be a pumpable 100% liquid product. The bubble 

point at 290 K of pure CO2 is around 53.2 bar, and the bubble point of the above-mentioned composition at 290 K is 63.9 

bar.  Less CO2 and more Ar and/or O2 in the CO2 stream could raise the bubble point significantly. Compression of the 

CO2-rich mixture to 80 bar (in the model, but 86 bar is recommended for a practical design) ensures that the stream will 

be dense phase at the pump inlet despite impurities such as Ar and O2.  Note that the O2 is present because a slight excess 

of O2 to the combustor minimizes H2 and CO formation.  
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Table 11 ASU Design/Operation Parameters 

  
No Heat 

Integration 
With Heat 
Integration 

Air Inlet Rate to MAC, kg/s 165.7 171.1 

MAC Outlet Pressure, bar 10.3 5.5 

MAC # Stages 3 2 

MAC Polytropic Stage Efficiency, % 82 82 

MAC Power, kWe 48,809 39,724 

BAC Discharge Pressure, bar n/a 80 

BAC Isentropic Efficiency (3 Stages), % n/a 80 

BAC Power, kWe n/a 35,787 

Turbine Isentropic Efficiency, % 83 (1 Stage) 
85 (1st Stg) 
83 (2nd Stg) 

Turbine Power, kWe 266 3,919 

Lower Column # Stages 34 26 

Upper Column # Stages 70 50 

Argon Side Column # Stages 49 n/a 

O2 Recovery, % 98.7 85.1 

O2 Purity, % 99.6 99.6 

O2 Product Temperature, K 309 309 

O2 Flow Rate to Combustor, kg/s 38.0 33.9 

O2 Product Temperature, K 309 309 

ASU Power Consumption, kWe (kJ/kg) 
49,174 
(1,299) 

72,147 
(2,139) 

MHE Supply/Demand Duty, kWth 42,337 38,628 

Sub-cooler Supply/Demand Duty, kWth 9846 1424 

Reboiler/Condenser Supply/Demand Duty, kWth 21,192 16,492 
 

 

 


