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ABSTRACT 

The extensive researches on the supercritical carbon dioxide Brayton cycle in energy conversion motivate the 

structure design and performance analysis of supercritical carbon dioxide compressor. A one-dimensional design and 

optimization of single-stage centrifugal compressor for supercritical carbon dioxide Brayton cycles is proposed in this 

paper. Based on the mean-line method, an in-house code is developed and validated to perform preliminary design of 

single-stage centrifugal compressor in the Matlab environment with Refprop database applied to calculate accurate fluid 

properties for supercritical carbon dioxide. On the basis of Spearman correlation method, the sensitivity and parameter 

analysis of decision variables are discussed. The results indicate that the influence of the Mach number at inducer inlet on 

isentropic total-static efficiency is the most, followed by the slip factor, the rotational speed, contraction coefficient and 

tangential velocity coefficient, and shroud-hub radius ratio at impeller inlet is the minimum which is close to zero. With 

the optimal structure obtained from the design optimization based on non-dominated sorting genetic algorithm, the off-

design performance shows that the maximum isentropic total-static efficiency occurs at high rotational speed and 

pressure ratio, while the peak efficiency decreases for lower rotational speeds. And the maximum isentropic total-static 

efficiency yields at higher mass flow rate with the increase of rotational speed. The maximum relative deviation of 

thermal efficiency between the cases of real and constant compressor efficiency could reach as high as 48.85%. The 

results confirm that the realistic predictions of compressor isentropic efficiency conditions contribute to accurate 

evaluation of supercritical carbon dioxide Brayton cycle performance. 

1. INTRODUCTION 

The demands for high-efficient energy utilization and low environmental pollutant keep increasing as the lack of 

resource and energy crisis is gradually becoming a serious and world problem. Many governments and research 

institutions have exerted a lot of effort to improve the energy transformation efficiency with the minimum environment 

impact. Among the various power cycles in which thermal or chemical energy is converted into to mechanical and 

electric energy, such as conventional steam Rankine cycle, organic Rankine cycle [1-2], Kalina cycle [3-4], supercritical 

carbon dioxide (hereinafter referred to as S-CO2) Brayton cycle have been considered as one of the most promising 

candidate for a wide range of energy applications [5]. Owing to the special fluid properties near the critical point (31.0℃, 

7.38MPa), the S-CO2 Brayton cycle is characterized with high thermal efficiency, smaller components and compact 

footprint. Moreover, the natural advantages including thermal stability, non-toxicity, environmental and economical 

friendliness, increase the popularity of S-CO2 as a working fluid in power cycles [6].  

For the S-CO2 Brayton power cycles, many researchers expend substantial efforts on the cycle layouts and 

optimizations [7-10]. In regard to the applications of S-CO2 Brayton cycle in solar power tower (SPT) plant, Al-Sulaiman 

and Atif [11] presented a thermodynamic comparison of five layouts integrated with a heliostat field. They indicated that 

the highest thermal efficiency was achieved using the recompression Brayton cycle. Wang et al. [12] carried out system 

comparison of different S-CO2 Brayton cycle layouts in the SPT plant. Based on multi-objective optimizations, they drew 

conclusions that the inter-cooling cycle layout and the partial-cooling cycle layout could yield the most excellent 

performances, and followed by the recompression cycle layout and the pre-compression cycle layout. In comparison to 

the more traditional single recuperated and recompression layouts, Manente and Fortuma [13] investigated two novel 
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layouts, namely the single and dual flow split with dual expansion, in the recovery of waste heat in a wide temperature 

range between 400 and 800℃. Luo and Huang [14] performed a detailed parametric study on the thermodynamic and 

exergoeconomic behavior of six S-CO2 Brayton cycle layouts used in nuclear reactors. The results revealed that the 

recompression cycle yielded most outstanding in terms of total product unit cost whereas the intercooling cycle harvested 

highest cycle efficiency. In addition, there are abundant studies on the thermo-economic performance of components in 

S-CO2 Brayton cycle, such as compact heat exchangers [15-17] and radial turbines [18-20]. 

Note that most researches mentioned above presented the thermodynamic and economic performances of S-CO2 

Brayton cycles in the context of constant compressor isentropic efficiency. As referred to Dostal et al. [21, 22], the high 

S-CO2 power cycle efficiency resulted from operating the compressor inlet close to CO2 critical point where the fluid 

compressibility was low and density high, which significantly reduced the compressor work. In this respect, the 

compressor plays an extremely important among the components of S-CO2 power cycle, of which the design and off-

design efficiency yield enormous influence on the performance of S-CO2 Brayton cycle. A variation of 2% in compressor 

efficiency would lead to change in cycle efficiency by 0.5% [23]. Therefore, accurate predictions of S-CO2 Brayton cycle 

performance could be explored with varying compressor isentropic efficiency instead of constant one.  

According to Sienicki et al. [24], radial type turbomachnieries including centrifugal compressors and radial turbines 

were suitable for small power S-CO2 Brayton cycle at the range of a few kW to a few MW scale. On account of 

expensive and time-consuming experiment researches, one-dimensional mean-line method followed by three-

dimensional analysis is usually adopted to explore the compressor performance and its influence on the S-CO2 Brayton 

cycle. The one-dimensional mean-line model of S-CO2 compressor could be divided into two essential parts: the first part 

presents aerodynamic performance of compressor stage and the second part predicts the enthalpy and pressure losses 

caused by secondary flow and friction [25-28]. Utamura et al. [29] conducted experimental and predictive study on the S-

CO2 compressor selected as centrifugal with 30 mm outer diameter and rated rotational speed of 1.7 kHz. The pressure 

ratio predicted using the mean-line method agreed well with the measured data in the supercritical liquid-like phase 

whereas overestimation was recognized at the off-design point in the supercritical gas-like or subcritical region. Based on 

the existing loss models [30-32], Ameli et al. [33] proposed an in-house mean-line code for compressor design with 

modification of the skin friction loss correlation. Considering the actual CO2 properties which experience dramatic and 

complex variations at near-critical pressures, Behafarid and Podowski [34] presented numerical simulations of S-CO2 

flow inside high-speed compact compressor using three different physical and mathematical formulations of one-

dimensional models.  

Compressor is one of the vital components of the S-CO2 Brayton cycle, of which efficiency predicted accurately is of 

great significance to the preliminary design of S-CO2 Brayton cycle. As indicated in the references mentioned above, 

many scholars focus on the effect of compressor efficiency on the performance of S-CO2 Brayton cycle. Nevertheless, to 

the authors' knowledge there are a few studies existing on the design optimization and off-design performance of 

compressor. Zhao et al. [35] conducted aerodynamic design and impeller aerodynamic optimization for a single stage 

centrifugal compressor. Shi and Xie [36] carried out aerodynamic analysis, aerodynamic optimization and off-design 

performance analysis of an S-CO2 centrifugal compressor. In this paper, a one-dimensional design of single-stage 

centrifugal compressor (SSCC) for S-CO2 Brayton cycles is explored with detailed design processes and loss models in 

Section 2. Subsequently, Section 3 presents the sensitivity analysis of decision variables on the compressor isentropic 

efficiency. In Section 4, the design optimization and off-design performances characterized with efficiency maps are 

provided. Furthermore, effect of SSCC off-design performance on S-CO2 Brayton cycle is discussed. Conclusions and 

challenges will be presented in Section 5. 

2. DESIGN METHOD 

The most common method for one-dimensional design of turbo-machinery is the mean-line model method which 

was proposed by Rodgers [37-38] and has been widely applied in preliminary design of turbo-compressor. The mean-line 

model is developed based on the assumption that the fluid properties are constant on a plane normal to its direction of 

motion and thus vary only in one direction that follows the geometry of blades on the mean streamline [39]. In this paper, 

the one-dimensional mean-line model is adopted to perform preliminary design of SSCC with small power 

(100~300kW). An in-house code is developed by the authors in the Matlab environment to carry out the design and 

performance prediction of the SSCC, using Refprop [40] to calculate accurate fluid properties for S-CO2. Concretely, the 

SSCC design consists of five components: inducer, impeller, vaneless space, vaned diffuser and volute, as shown in Fig. 

1. Figure 2 depicts the corresponding enthalpy-entropic diagram for centrifugal compressor. The corresponding geometry 

parameters and velocity diagram at different sections have to be determined in the design process, which aims to 

maximize isentropic efficiency and meet the feasibility check simultaneously.  
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Fig.1 Single-stage centrifugal compressor structure diagram 

 

Fig.2 Compressor enthalpy-entropy diagram 

2.1 Define of total inlet conditions 

Due to the contraction effect, the working fluid near the critical point experiences an expansion which leads to the 

reduction of the temperature and the pressure at the inlet section of compressor (i.e. inducer as shown in Fig.1). 

Therefore, it is indispensable to evaluate and control the condensation at the leading edge of impeller where condensation 

takes place most likely [28]. Monge [41] indicated that it was reasonable to calculate the isentropic static point where the 

saturation conditions would be met. And he proposed a parameter termed as "Acceleration Margin to Condensation 

(AMC)" to measure the possibility of condensation happening by modeling an isentropic expansion of the flow down to 

the saturation pressure/temperature.  

For given total inlet conditions (i.e. total temperature and total pressure), AMC can be calculated: 

AMC saturation

saturation

C

SS
 （1） 

 012saturation saturationC h h   （2） 

 01,saturation saturationSS SS h s （3） 

where, Csaturation, SSsaturation and hsaturation denote the absolute velocity, speed of sound and enthalpy when the flow 

expands with isentropic to the saturation condition, respectively.h01 and s01 express the enthalpy and entropy at the inlet 

total conditions, respectively. As Monge [41] recommended that it could be an acceptable design margin when AMC is 

approximately equal to 0.6, the total conditions at compressor inlet are set to 313.15K and 8.0MPa. 

2.2 Inducer design 

The inducer design aims to determine the geometry sizes of compressor inlet, impeller inlet and throat. It's important 

to keep in mind that the Mach number at impeller inlet must be less than AMC to prevent the risk of condensation. As 

Meroni et al. [42] suggested, the choking condition where the local velocity of the fluid inside the compressor passages 

reached the speed of sound should be identified. If the compressor choking occurs which leads to the performance drops 

abruptly, the rotational speed and decision variables should be adjusted to allow for a higher mass flow rate. 

According to the thermodynamic modeling of S-CO2 Brayton cycle, operational variables including mass flow rate 

( m ), inlet conditions (p01, T01), total pressure ratio (π) and rotational speed (n) are predefined as boundary conditions. 

The flow at the compressor inlet is set to be axial. In addition, decision variables consisting of shroud-hub radius ratio 

(r2s/r2h), contraction coefficient (A2/A1) and incidence angle of impeller are basic requirement as inputs.  

In the mean-line design procedure of inducer, two losses are considered in this paper and they are incidence loss and 

contraction loss. Incidence loss is located at the leading edge of the blades and arises due to the difference between 

(relative) flow and blade angle at the inlet to the channel [41]. In this paper, the incidence angle of impeller is set to zero 
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and therefore the incidence loss is negligible. Contraction loss accounts for the reduction in flow area at the impeller 

inlet, which is defined as follows: 

2

2

01

1

1cont

A
h h

A

 
    

 
（4） 

2.3 Impeller design 

The impeller design follows the inducer design which provides the inlet boundary conditions for impeller. The mass 

and energy balance equations are applied to the impeller design process. What's more, the Euler turbo-machinery 

equation is adopted to calculate the velocity triangles and static thermodynamic properties both at inlet and outlet of 

impeller, as shown in Equation (5). 

0 3 3 2 2u uh U C U C   （5） 

where, Δh0 is the total enthalpy rise of impeller; U2 and U3 denote respectively the peripheral velocity at impeller inlet 

and outlet; Cu2 and Cu3 are the tangential absolute velocity at impeller inlet and outlet, respectively. Figure 3 shows the 

velocity triangles of compressor impeller, which exhibits the relationships among the absolute velocity, peripheral 

velocity and relative velocity. As can be seen, the tangential absolute velocity (Cu2) could be zero assuming an axial flow 

at impeller inlet.  
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(a) Inlet flow                (b) Outlet flow 

Fig. 3 Diagram of velocity triangles of compressor impeller 

As discussed in Section 2.2, the total enthalpy at impeller inlet has been determined. In order to calculate the total 

enthalpy at impeller outlet, a value of total-static isentropic efficiency of compressor is guessed initially, which should be 

identical with the assuming value in the S-CO2 Brayton cycle modeling. 
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where, h03s is the isentropic total enthalpy which could be calculated with the entropy at impeller inlet and total pressure 

at impeller exit. In the initial design process, the total pressure loss coefficient (FDif-Vol) resulted from the diffuser and 

volute should be guessed to acquire the total pressure at impeller exit. 
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The flow deviation phenomenon at impeller exit is common in both axial and radial impellers [43]. Most centrifugal 

impeller designers use slip factor to evaluate the flow deviation instead of deviation angle applied in axial impeller 

design. The slip factor is defined as the ratio of the actual tangential absolute velocity and the ideal one obtained with 

zero deviation angle at impeller exit, as shown in Fig. 4. The Stodola slip factor (σS) is applied to determine the state at 

impeller exit and number of impeller blades. 
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3 3uC U   （11） 

where, C'u3 is the tangential absolute velocity with zero deviation angle at impeller exit; Cr3 is the meridional absolute 

velocity; φ and ψ are the meridional velocity coefficient and tangential velocity coefficient, respectively; ZB is the 

number of impeller blades, including the full blades and splitter blades; 3
' is the relative flow angle at impeller exit. a 

backward-curved blades with 30° is adopted for the impeller design in this article.  
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Fig. 4 Diagram for flow deviation at impeller exit 

For centrifugal impeller, six kinds of losses are considered in the mean-line design procedure and they are blade 

loading loss, skin friction loss, clearance loss, mixing loss, windage loss and recirculation loss. All of these loss models 

have been verified and widely applied in open literatures. 

The blade loading loss yielded due to the boundary layer growth, separation and secondary flow development [26] 

and could be evaluated by the model proposed by Coppage et al. [44], as Equation (12-13): 

2 2

30.05bl fh D U    （12） 
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（13） 

where, W3 and W2s are the relative velocity at the impeller exit and at the shroud of impeller inlet, respectively; D3 and 

D2s are the diameter at the impeller exit and at the shroud of impeller inlet, respectively. 

The skin friction loss is caused by the viscous shear forces in the flow boundary layers and evaluated as the same 

with the pipe flow friction loss proposed by Jansen [45], as Equation (14-18): 

  22impeller sf fi fi Hi mh c L D W     （14） 

0.25

2 3Re Re
0.3164

2
fic


 

  
 

（15） 

  
3 2

2 3cos 2

ms

fi

ms

r r
L

 





（16） 

  
2 3

2 3cos 2
Hi

ms

b b
D

 





（17） 

2 3 2 2 32 3

8

s h

m

C C W W W
W

     
 （18） 

where, b2 and b3 are the blade height at impeller inlet and exit, respectively; r2ms and β2ms are the mean square radius and 

the corresponding flow angle at impeller inlet. 

The clearance loss is calculated by the model provided by Jansen [45], which results from the leakage of axial 

clearance (εd) and radial clearance (εc), as Equation (19): 
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The mixing loss that happened in the impeller exit is caused by the non-uniform flow discharge. The model proposed 

by Johnston and Dean [46] is adopted as Equation (20): 
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（20） 

where, α3 is the absolute flow angle; b* is the ratio of vaneless diffuser inlet width to impeller exit width; εwake refers to 

the wake fraction of blade-to-blade space. In this paper, the values of b* and εwake are set as 1 and 0.25, respectively.  

The windage loss results from the shear flow between impeller back-plate and casing and the model proposed by 

Daily and Nece [47] is applied to evaluate the loss, as Equation (21-23): 
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The recirculation loss refers to the one that result from partial flow recirculation back to impeller channel, caused by 

flow stall when the relative flow diffusion gets high. The loss model proposed by Jansen [45] is adopted as Equation 

(24): 

2 2

3 30.02 tanrc fh D U      （24） 

2.4 Vaneless space design 

As the trailing effect of impeller plays a great influence on the aerodynamic performance of vaned diffuser, a 

vaneless space between impeller and vaned diffuser is added to eliminate the effect and homogenize the flow. The 

vaneless space design aims to define the radius (r4), blade height (b4), velocity triangle and static conditions at the leading 

edge of vaned diffuser. The empirical correlation proposed by Aungier [31] has been widely used to determine the radius 

of vaned diffuser inlet, as Equation (25): 

2

34 4

3

90
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360 15

Mar

r


   （25） 

where, α4 is the absolute flow angle at vaneless space outlet; Ma3 refers to the absolute Mach number at impeller exit. As 

Aungier suggested, the radius ratio (r4/r3) ranged from 1.06 to 1.12. 

The momentum conservation equation and a guessed absolute velocity are employed to yield the absolute flow angle 

at vaneless space outlet. In order to calculate the static conditions at vaneless space outlet, the loss happened in the 

vaneless space is initially assumed. 

3 3 4 4u ur C r C   （26） 

 04 04 03, 0lossh h h p s    （27） 

The main loss in the vaneless space is the skin friction loss generated by the viscous shear forces in the flow 

boundary layers. The model proposed by Glassman and Meitner [48] is adopted to present the loss, as Equation (28-31): 

   2 2

, 3 4VS sf fs fs Hsh c L D C C     （28） 
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2.5 Vaned diffuser design 

As shown in Fig. 1, the leading edge of vaned diffuser overlaps with the vaneless space outlet, at which static 

conditions and geometry parameters have been identified in previous design loops. Therefore, the main objective of 

vaned diffuser design is to calculate the outlet and throat geometries and corresponding flow conditions. Based on long-

term experiences and theoretical models by designers and scholars, some decision variables widely used in numerous 

open literatures are adopted to accomplish the vaned diffuser design. The variables include the incidence angle at diffuser 

inlet, radius ratio (r5/r4), area ratio (AR), and blade number ratio between impeller and diffuser (Nr) ranging from 1.0 to 

1.3.  
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（32） 

The feasibility check for the vaned diffuser design comprises two parameters including the design parameter (DP) 

and diffuser loading (DL). As Monge [41] suggested, the design parameter should be in the range of 1.5-1.7 and the 

diffuser loading should be not higher than 1/3. The definitions for two parameters are shown as follows. 
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where, R is the radius ratio (R=r5/r4); LB,dif refers to the chord length of diffuser blade; ZDiff represents the blade number 

of diffuser.  

Incidence loss and passage loss are considered in the mean-line design procedure of vaned diffuser. As the previous 

discussion above, the incidence loss occurs due to the difference between the actual flow angle and the optimum one (in 

terms of blade angle). The model proposed by Aungier [31] is applied to calculate the loss, as Equation (35): 
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The passage loss model presented by Rodgers [38] is used to evaluate the loss in this paper, as Equation (36): 
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2.6 Volute design 

The conservation of mass and angular momentum approach has been widely used to design the volute. With this 

approach, the cross-section area at a certain angle (θ) of the volute is presented as follow: 
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  5 5 5/ tanA SP r b      （37） 

where, SP is the sizing parameter and within the range of 1.0~1.2.  

The volute design aims to determine the flow conditions and geometries at the full-collection plane as shown in 

Fig.1. In the initial design process, the equivalent radius (req) of full-collection plane is calculated and applied to obtain 

the radius and flow area. 

6 5 eqr r r  （38） 

2

eq eqA r  （39） 

The losses happened in the volute comprise discharge loss, tangential velocity loss caused by the non-conservation 

of angular momentum, and friction loss. These losses are defined as follows: 

2

, 50.5vol ds mh C   （40） 

25

5 2

6

, 2

25

5

6

1 1
1  1

4

1 1
1  1

2

u

vol tvs

u

r
C SP

r SP
h

r
C SP

r SP

  
  

 
  

 
    

（41） 

 

2

, 6

0.25

5 6

5 6

2

Re Re
0.3164

2

/ 2

2

fV

Vol fs fD

HV

fD

fV

HV eq

L
h c C

D

c

L r r

D r






   

  

  
 

   


 

（42） 

2.7 Summary 

The above-mentioned loss models have been developed and applied to turbines with air as the working fluid but in 

the absence of substantial sCO2 radial turbine data, these models are the best starting point for preliminary 

analysis[49].According to the discussions above, the framework for preliminary design of SSCC using one-dimensional 

mean-line method is shown in Fig. 5. It can be seen that the compressor design is integrated with the cycle conceptual 

design, which could make the design of S-CO2 Brayton cycle more efficiently. 
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Fig. 5 Framework for preliminary design of SSCC 

3. SENSITIVITY AND PARAMETER ANALYSIS 

3.1 Validation for design code 

The design code of single-stage centrifugal S-CO2 compressor is validated with the experimental test carried by 

Wright et al. [50] at Sandia National Laboratories. Table 1 shows the validation with the experimental data for the 1D 

model of single-stage centrifugal S-CO2 compressor. Given the complexity of the model, a maximum deviation of 3.12% 

in the total-static isentropic efficiency at rotational speed of 55000rpm is deemed satisfactory. Therefore, the in-house 

code is considered to be suitable for the design of single-stage centrifugal S-CO2 compressor with good accuracy. 

Table 1 Validation for design code of single-stage centrifugal S-CO2 compressor 
Main parameters Values 

Number of full blades 6 
Number of splitter blades 6 

Impeller inlet radius at hub 2.54mm 
Impeller inlet radius at shroud 9.37mm 

Impeller exit radius 18.68mm 
Blade angle of the impeller inlet at mean radius 37.13deg 

Blade angle of the impeller outlet -50deg (backward) 
Blade height at impeller outlet 1.70mm 
Radius ratio of vaneless space 1.02 

Number of diffuser vanes 17 
Radius at diffuser outlet 26.00mm 

Mass flow rate 1.8kg/s 

Validation results 
Flow coefficient (φ) 0.30 0.33 0.31 

Rotational speed (N) 45000rpm 50000rpm 5500rpm 
ηts by Weight [49] 0.676 0.673 0.674 
ηts by design code 0.685 0.689 0.695 

Deviation 1.33% 2.34% 3.12% 

3.2 Sensitivity analysis 

In the design process of centrifugal compressor, the isentropic total-static efficiency of compressor is affected by 

partial decision variables as shown in Table 2. In order to determine the influence of decision variables on the isentropic 

total-static efficiency, the sensitivity analysis of different variables are discussed in the following. 

Table 2 Partial decision variables influencing the isentropic total-static efficiency  
Decision Variables Value range 

Mach number at inducer inlet (Ma0) 0.2~0.5 
Rotational speed (N) 32500~55000 rpm 

shroud-hub radius ratio at impeller inlet (r2s/r2h) 1.5~3.0 
contraction coefficient (A2/A1) 0.5~1.0 

Slip factor (σs) 0.5~1.0 
Tangential velocity coefficient (ψ) 0.7~1.2 

Spearman rank correlation coefficient and Pearson correlation coefficient were commonly used to determine the 

correlation between decision variables and target parameter (i.e. isentropic total-static efficiency in this paper). Compared 

with Pearson correlation coefficient, Spearman rank correlation coefficient has two major advantages including low 

sensitivity to abnormal values and no requirement on normality assumption. Therefore, Spearman rank correlation 

coefficient approach is applied to analyze the decision variable sensitivity to the isentropic total-static efficiency. 

Spearman rank correlation coefficient (rs) is defined as follows: 
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（43） 

where, R(xj) is the rank of random values of decision variables; R(yj) is the rank of simulated isentropic total-static 

efficiency; N is the sample size. The range of rs is from -1 to 1, of which the absolute value represents the strength and 

weakness of correlation. The bigger the absolute value is, the stronger correlation between the decision variable and 

target parameter indicates. 

Figure 6 presents the parameter sensitivity analysis at different total pressure ratio, uncovering the correlation 

between decision variables and isentropic total-static efficiency. It can be seen that the influence of the Mach number at 

inducer inlet on isentropic total-static efficiency is the most, followed by the slip factor, the rotational speed, contraction 

coefficient and tangential velocity coefficient, and shroud-hub radius ratio at impeller inlet is the minimum which is close 



 

10 

to zero. The correlation between Mach number at inducer inlet and isentropic efficiency is negative while correlations for 

slip factor, rotational speed, contraction coefficient and tangential velocity coefficient are positive. What's more, the 

absolute rs of Mach number at inducer inlet and slip factor are bigger than 0.5, indicating a moderate correlation. The 

absolute rs of other parameters are smaller than 0.3, signifying a weak correlation.  

 

Fig.6 Sensitivity analysis of decision variables 

3.3 Parameter analysis 

On the basis of sensitivity analysis, the influence of decision variables with moderate correlation on the isentropic 

total-static efficiency will be discussed as follows. 

Figures 7-10 depict the changes of isentropic total-static efficiency with inlet Mach number at different rotational 

speeds, contraction coefficients, slip factors and tangential velocity coefficients. It can be seen that the total-static 

efficiency linearly decreased with the increase of Mach number. As show in Fig.7 and Fig.8, the changes of isentropic 

total-static efficiency with rotational speed and contraction coefficient are relatively uniform. Except the case of σs=0.5, 

the difference of total-static efficiency between two adjacent slip factors keeps as a constant in some extent as shown in 

Fig.9. Different from the three decision variable described above, the influence of tangential velocity coefficient on the 

total-static efficiency decreases gradually and could be neglect when the value of tangential velocity coefficient is larger 

than 0.9. 

 

Fig.7 The change of isentropic total-static efficiency with Ma0 at different rotational speeds 

 

Fig.8 The change of isentropic total-static efficiency with Ma0 at different contraction coefficients 
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Fig.9 The change of isentropic total-static efficiency with Ma0 at different slip factors 

 

Fig.10 The change of isentropic total-static efficiency with Ma0 at different tangential velocity 
coefficients 

The slip factor is an important parameter for the design of centrifugal compressor, which determines the work input, 

pressure rise and velocity triangle at the impeller exit [43]. Figures 11-13 show the change of isentropic total-static 

efficiency with slip factor at various rotational speeds, contraction coefficients and inlet Mach numbers. The results 

indicate that the total-static efficiency could be improved with the increase of slip factor. What's more, the total-static 

efficiency grows fast at first and then slows down with the increase of slip factor. As shown in Fig.11, with the increase 

of slip factor, the influence of rotational speed on the total-static efficiency diminishes gradually. For different 

contraction coefficient and inlet Mach number, the variation tendency of total-static efficiency with slip factor 

experiences roughly the same as shown in Fig.12 and Fig.13. 

 

Fig.11 The change of isentropic total-static efficiency with σs at different rotational speeds 
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Fig.12 The change of isentropic total-static efficiency with σs at different contraction coefficients 

 

Fig.13 The change of isentropic total-static efficiency with σs at different inlet Mach numbers 

4. DESIGN OPTIMIZATION AND OFF-DESIGN PERFORMANCE OF SSCC 

4.1 Design optimization for SSCC 

In this paper, the design optimization is carried out to determine the geometric structure of SSCC in terms of the 

optimal isentropic total-static efficiency at normal condition. The non-dominated sorting genetic algorithm (NSGA-II) 

with high accuracy and fast convergence speed proposed by Deb et al. [51] is adopted to obtain the optimal isentropic 

total-static efficiency of SSCC. So that the isentropic total-static efficiency is considered as objective function of several 

decision variables discussed in Section 3, which consists of inlet Mach number, rotational speeds, contraction 

coefficients, slip factors and tangential velocity coefficients  

The optimization problem can be expressed as follows: 

Max. ηts（44） 

Subject to 
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（45） 

In addition, as Monge [41] suggested, the design parameter and diffuser loading should be in the following ranges 

which are recommended based on experience. 

1.5 1.7

1/ 3

DP

DL

 



（46） 

The optimization is performed under the following condition: m =4.0 kg/s, T01=313.15 K, P01=8.0 MPa, π=2.5. The 

optimal design parameters for single-stage centrifugal S-CO2 compressor are presented in Table 3. 
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Table 3 Details of design parameters for single-stage centrifugal S-CO2 compressor 
Parameter Symbol(unit) Value(New) Value（Before） 

Mass flow rate m (kg/s) 4.00 4.00 

Inlet total temperature T01 (K) 313.15 313.15 

Inlet Mach number Ma01 (-) 0.25 0.25 

Total pressure ratio π (-) 2.5 2.5 
Rotational speed N (rpm) 50000 50000 

Power consumption W (kW) 161.28 161.47 

Isentropic total-static efficiency ηts (-) 0.835 0.824  
Equivalent diameter at inducer inlet Deq,0 (mm) 19.34 19.33  

Impeller blade number  ZB (-) 16 16  
Shroud radius at impeller inlet r2s (mm) 10.55 10.41  

Hub radius at impeller inlet r2h (mm) 4.22 3.85  

Blade angle at impeller inlet βb2 (deg) 32.3 30.7  
Blade height at impeller inlet b2 (mm) 6.33 6.55  

Throat area  Ath (mm2) 208.48 207.00  

Throat average radius rth (mm) 7.38 7.13  
Blade height at impeller outlet b3 (mm) 0.72 0.68  

Blade angle at impeller outlet βb3 (deg) 30.0 25  

Radius at impeller outlet r3 (mm) 42.87 43.63  
Radius at diffuser inlet r4 (mm) 46.31 47.29  

Blade height at diffuser inlet b4 (mm) 0.72 0.68  

Blade angle at diffuser inlet βb4 (deg) 83.9 83.0  
Radius at diffuser outlet r5 (mm) 74.09 75.66  

Blade angle at diffuser outlet βb5 (deg) 76.5 76.70  

Diffuser vane number ZDif (-) 19 19  
Full-collection plane radius Rfcp (mm) 6.80 6.4  

Radius at volute outlet r6 (mm) 80.89 82.03  

Design parameter DP (-) 1.507 1.459  
Diffuser loading  DL (-) 0.304 0.248  

4.2 Off-design performance of SSCC 

As discussed above, the compressor plays an extremely important among the components of S-CO2 power cycle, of 

which the design and off-design efficiency yield enormous influence on the performance of S-CO2 Brayton cycle. 

Accurate predictions of S-CO2 Brayton cycle performance could be explored with varying compressor isentropic 

efficiency instead of constant one. On the basis of optimal structure of SSCC, the off-design performance characterized 

with efficiency map is presented in this section.  

Prediction of isentropic total-static efficiency with total pressure ratio at different rotational speeds is illustrated in 

Fig. 14. The simulated results indicate that the maximum isentropic total-static efficiency occurs at high rotational speed 

and pressure ratio, while the peak efficiency decreases for lower rotational speeds. Figure 15 shows the prediction of 

isentropic total-static efficiency with mass flow rate at different rotational speeds. It can be seen that the maximum 

isentropic total-static efficiency yields at higher mass flow rate with the increase of rotational speed.  

 

Fig.14 Prediction of isentropic total-static efficiency with total pressure ratio at different rotational 
speeds 
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Fig.15 Prediction of isentropic total-static efficiency with mass flow rate at different rotational speeds 

4.3 Effect of SSCC off-design performance on S-CO2 Brayton cycle 

The simple regenerative S-CO2 Brayton cycle layout has been recommended for the small power demand in range of 

100~500 kW, attributing to simple equipment and compact layout. the system efficiency has been improved when adding 

a regenerator[52].As shown in Fig.16, the CO2 at a thermodynamic state near the critical point is compressed up to the 

maximum cycle pressure (4-5), then it is successively heated in the regenerator (5-6) and heat exchanger (6-1) up to the 

maximum cycle temperature. After expanding in the turbine (1-2), the CO2 with high exhaust temperature release the 

heat in regenerator (2-3) and precooler (3-4). For a given cycle layout, the rotational speed and pressure ratio of 

compressor are considered as invariable to keep high compression efficiency. To maintain the turbine inlet temperature at 

design value, however, the mass flow rate would vary with the heat input from the external heat source, which leads to 

the variation of compressor isentropic efficiency as shown in Fig.15.  

Turbine

1

2

3

Heat 

Exchnager5

6

Compressor

Regenerator

Precooler

4

 

Fig.16 Schematic diagram for the simple regenerative S-CO2 Brayton cycle 

As the compressor performance plays vital influence on the thermal efficiency of S-CO2 Brayton cycle, accurate 

predictions of compressor isentropic efficiency conditions contribute to cycle performance evaluation. To elucidate the 

effect of SSCC off-design performance on the simple regenerative S-CO2 Brayton cycle, the general assumptions are 

considered as follows: 

(1) The system operates at steady state. 

(2) The pressure drop and heat losses in the heat exchangers and pipelines are neglected,but incidence loss. 

(3) Isentropic efficiency of turbine and effectiveness of regenerator are set as constant. 

The mathematical method and model validation for simple regenerative S-CO2 Brayton cycle could refer to the 

previous works by the authors [2, 53-54]. Table 4 shows the basic input conditions, in which the variation of heat input 

from Heat Exchanger results to the change of mass flow rate of cycle working fluid (i.e. CO2).  

Table 4 The basic input parameters in this study 
Parameters Values 

N (rpm) 50000 
π (-) 2.5 

QHE (kW) 400~850 

THE(℃) 700 
T4(℃) 35 

P4 (MPa) 8.0 

ηTur 0.85 
ηComp 0.82* 

εRen 0.90 

*: The isentropic efficiency of compressor is set as 0.82 for the case that the compressor efficiency is considered as 

constant. 

Figure 17 illustrates the variation of heat input from Heat Exchanger with the mass flow rate of cycle working fluid. 

It can be seen that for a given mass flow rate that less than 3.0 kg/s, the case of real compressor efficiency requires less 
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heat input than that of constant compressor efficiency to maintain the enthalpy of turbine inlet. As shown in Fig.15, the 

real compressor efficiency is less than 0.82 (constant compressor efficiency) when the mass flow rate ranging from 2.0 to 

3.25 kg/s. According to the compressor model, the enthalpy of compressor outlet increase with the decrease of 

compressor efficiency as the inlet parameters set as constant. Therefore, the heat input from Heat Exchanger increases 

with the compressor efficiency as the turbine inlet parameters set as constant. In other words, the varied heat input could 

yield different mass flow rate which has a great influence on the compressor efficiency and therefore also the net output 

power and thermal efficiency.  

Figure 18 and 19 depict the variation of net output power and cycle thermal efficiency with the heat input from Heat 

Exchanger, respectively. When the heat input is less than 650 kW, the case of constant compressor efficiency yields more 

net output power and higher cycle thermal efficiency than that of real compressor efficiency, owing to the higher 

compressor efficiency. With the increase of heat input, the compressor efficiency could be improved due to the increase 

of mass flow rate. With the further increase of heat input, the increase of mass flow rate plays negative effect on the 

compressor efficiency, which leads to reduce of net output power and thermal efficiency compared with the case of 

constant compressor efficiency. As shown in Fig.19, the maximum relative deviation between the cases of real and 

constant compressor efficiency could reach as high as 48.85% while the mass flow rate is nearly half of the design value 

(4kg/s as shown in Table 3). It can be concluded that the design and off-design efficiency of compressor yield enormous 

influence on the performance of S-CO2 Brayton cycle.  

 

Fig.17 Variation of heat input with mass flow rate 

 

 

Fig.18 Variation of net output power with heat input 

 

Fig.19 Variation of cycle thermal efficiency with heat input 
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CONCLUSIONS 

In the present study, a one-dimensional design of single-stage centrifugal compressor (SSCC) for S-CO2 Brayton 

cycles is proposed with sequential component design, including inducer, impeller, vaneless space, vaned diffuser and 

volute. The loss models provided by other researchers and applied in this design code are exhibited in detail. In order to 

determine the influence of decision variables on the isentropic total-static efficiency, the sensitivity and parameter 

analysis of different variables are discussed with the verified design code of SSCC. The design optimization for SSCC is 

presented on the basis of non-dominated sorting genetic algorithm (NSGA-II). In addition, the off-design performances 

and its effect on S-CO2 Brayton cycle are provided. The main conclusions are drawn as follows: 

(1) Compared with the experimental data, a maximum deviation of 3.12% in the total-static isentropic efficiency is 

obtained by the proposed design code, which means that the in-house code could be applied for the design of single-stage 

centrifugal S-CO2 compressor with good accuracy. 

(2) The influence of the Mach number at inducer inlet on isentropic total-static efficiency is the most, followed by 

the slip factor, the rotational speed, contraction coefficient and tangential velocity coefficient, and shroud-hub radius ratio 

at impeller inlet is the minimum which is close to zero. 

(3) The total-static efficiency linearly decreased with the increase of Mach number while it grows fast at first and 

then slows down with the increase of slip factor. 

(4) The maximum isentropic total-static efficiency occurs at high rotational speed and pressure ratio, while the peak 

efficiency decreases for lower rotational speeds. And the maximum isentropic total-static efficiency yields at higher mass 

flow rate with the increase of rotational speed.  

(5) The design and off-design efficiency of compressor yield enormous influence on the performance of S-CO2 

Brayton cycle. Compared with the constant compressor efficiency, the case of real compressor efficiency yields a 

maximum relative deviation of cycle thermal efficiency with 48.85%. 

NOMENCLATURE 
Glossary  Greek symbols  

A Cross-sectional area α Absolute flow angle 

AMC Acceleration Margin to Condensation π Total pressure ratio 
AR Area ratio η Isentropic efficiency 

C Absolute velocity σ Slip factor 

c Coefficient β Relative flow angle 
D Diameter/Hydraulic diameter φ Meridional velocity coefficient 

DL Diffuser loading Ψ Tangential velocity coefficient 

DP Design parameter ε Clearance 
F Total pressure loss coefficiency ρ Density 

W_net Net output power εRen Regenerator efficientiveness 

h Enthalpy θ Angle of volute 
K Windage loss coefficient 

Subscripts  
L Chord length 

m  Mass flow rate 0 Stagnation state 

Ma Mach number 1,2··· State points 

N Rotational speed B Impeller 
Nr Blade number ratio between impeller and diffuser b Blade 

p Pressure bl Blade loading loss 

Q Heat input HE Heat Exchanger 
R Radius ratio cl Clearance loss 

r Radius/Correlation coefficient cont Contraction loss 

Re Reynold number d Disk 
s Entropy eq Equivalent radius 

S-CO2 Supercritical carbon dioxide h hub 

SP Sizing parameter loss Enthalpy loss 
SPT Solar power tower mix Mixing loss 

SS Speed of sound ms Mean square 

SSCC Single-stage centrifugal compressor rc Recirculation loss 
T Temperature s Shroud/Isentropic process 

U Peripheral velocity saturation Saturation state 

W Relative velocity ts Total-static 
Z Blade number th Thermal  

  u Tangential direction 
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