
Proceedings of Montreal 2018 
Global Power and Propulsion Forum 

7th – 9th May, 2018 
www.pps.global 

 
 

1 

GPPS-NA-2018-150 

MODELING AND MITIGATION OF ACOUSTIC INDUCED VIBRATION 
(AIV) IN PIPING SYSTEMS 

 
 

Brandon L Ridens 
Southwest Research Institute 

brandon.ridens@swri.org  
San Antonio, TX, USA 

 
 

Timothy C Allison, Ph.D. 
Southwest Research Institute 

tim.allison@swri.org 
San Antonio, TX, USA 

Sarah B. Simons 
Southwest Research Institute 

sarah.simons@swri.org 
San Antonio, TX, USA 

Klaus Brun, Ph.D. 
Southwest Research Institute 

klaus.brun@swri.org 
San Antonio, TX, USA 

 
 

ABSTRACT 
This paper explores new analysis techniques and 

mitigation concepts developed to extend the current state of 
the art acoustic induced vibrations (AIV) analyses. These new 
methods are intended to provide more accurate evaluations of 
this phenomenon in an attempt to solve AIV problems found 
in blowdown and piping systems. Current screening methods 
for AIV are based on pass/fail data with minimal or undesired 
options for reducing the likelihood of failure for AIV events. 
Computational fluid dynamics simulations and finite element 
analysis in combination with lab testing of novel mitigation 
options using accelerometers, dynamic pressure transducers, 
and strain gages were performed to better understand the 
phenomenon and develop possible solutions to reduce the 
impact of AIV on piping systems. 

Results of the testing and analyses performed at the 
Southwest Research Institute (SwRI) indicate that there is a 
possible correlation with acoustic modes, structural modes, 
and elevated stresses during AIV events. Minor reductions in 
dynamic pressure fluctuations throughout piping during AIV 
events can be made by changes in valve geometry and piping 
configurations. Results of CFD modeling and analysis 
demonstrate that computational analysis can be used to 
evaluate mitigation strategies and suggest that the use of a 
dampener as a mitigation technique may be successful in 
reducing the amplitudes of dynamic pressure waves in piping 
systems caused by AIV events. 

INTRODUCTION 
Acoustic Induced Vibration (AIV) is a phenomenon that 

has been known to cause high-frequency fatigue failures at 
piping discontinuities that present a stress concentration, such 
as branch connections or pipe supports. Broadband noise 

generated from upstream flow restrictions providing high 
pressure ratios, such as control valves or relief valves, may 
excite high-frequency acoustic modes and piping shell modes 
within the main line, generally in the range of 100 – 3,000+ 
Hz. The resulting alternating stresses can cause high cycle 
fatigue failures within minutes of operation (Allison et al, 
2012; Allison and Evans, 2013). 

The current industry best practice is to follow 
empirically-based guidelines to screen for high-risk 
conditions. The guidelines offer few options (often 
impractical, particularly for existing piping systems) for 
reducing the risk of failure from AIV. In high energy AIV 
cases often experienced in modern industrial applications, 
typical recommended mitigations within these screening 
methods and beyond may not be adequate to reducing stresses 
to allowable levels. Most options to reduce the likelihood of 
failure with current guidelines involve either decreasing the 
mainline diameter, increasing downstream pipe thicknesses, 
increasing branch diameters, changing branch fittings types, 
or some combination of the above (Energy Institute, 2008). A 
reduction in valve noise at the source is possible with low-
noise trim for many control valves, however, the option to 
reduce the noise at pressure safety valves (PSVs) is very 
limited. Moreover, there are very few proven techniques or 
devices commercially available to reduce the amplification of 
noise that propagates downstream of the flow restriction. 

A recent research project performed by the Southwest 
Research Institute (SwRI) focused on developing an 
understanding of AIV excitations and modeling the fluid 
dynamics within piping systems during such events. The 
results of the testing and computational modeling have helped 
develop improved methods of analyzing AIV and 
demonstrating the effects of possible mitigation strategies. 
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This will aid in developing new and improved mitigation 
techniques to reduce the dynamic pressures on the piping that 
cause AIV failures. 

NOMENCLATURE 
pq Constant associated with eigenvalues satisfying the 

rigid pipe wall boundary  
pq’ qth zero of the first derivative of the pth order Bessel 

fuction (J’p(apq)=0) 
 Internal Pipe radius   m 

c speed of sound    m/s 
 Acoustic mode frequency   Hz 
co Cutoff frequency    Hz 

Lp Sound pressure level   dB 
M Mach number     
Pref Reference pressure   Pa 
PRMS Root mean square of the dynamic pressure Pa 

METHODOLOGY 
Understanding of the AIV excitation is developed through 

a combination of data analysis of reduced-power testing and 
computational modeling. Finite element modeling was used to 
confirm preliminary predictions that mode coincidences were 
possible with the piping design. Reduced-power testing was 
conducted, operating the test article in two configurations 
through a range of backpressures and flow rates to compare 
against predicted mode coincidences. Detailed analysis of the 
test data was conducted to better understand AIV in addition to 
performing computational fluid modeling of the system and 
developing a mitigation design using the computational model. 

The primary focus of this project is the fluid and structural 
response at the branch line connections because this is where 
failure typically occurs. In addition to the measurements in the 
header, temperature and pressure measurements are taken both 
upstream and downstream of the pressure reduction device 
(hand or control valve) to quantify the flow conditions coming 
into the header. 

Blowdown piping can be built in various manners, thus, 
the testing involved two piping configurations with the same 
test article. One involved the smaller tailpipe entering the larger 
header at a 90° angle (perpendicular configuration shown in 
Figure 1) and the other involved the tailpipe entering the end of 
the header (parallel configuration shown in Figure 2). The 
overall length between the valve and header outlet is identical. 
These two configurations were implemented to experimentally 
determine the effects of header inlet piping configuration on the 
dynamic pressure fields that excite the header. 

 

 
Figure 1 Installed Test Section (Orange) in the 

Perpendicular Configuration 
 

 
Figure 2 Installed Test Section (Orange) in the Parallel 

Configuration 
 

Dynamic pressure transducers recorded the internal 
pressure wave of the flowing gas in both frequency and 
amplitude. These transducers were mounted flush to the inside 
diameter of the pipe. To determine the rate of degradation of 
the dynamic pressure over distance, dynamic pressure 
transducers were placed in the tail pipe and at incremental 
distances down the header pipe, as depicted in Figure 3. To 
help better understand the internal dynamic acoustic modes and 
aid in identifying possible correlating resonant mode shapes 
with structural modes, dynamic pressure transducers were also 
placed in a circumferential array around the header pipe near 
the branch connections. 

Structural dynamics of the pipe were measured using 
accelerometers and strain gages. To measure the structural 
modes of the pipe during the AIV event, accelerometers were 
placed externally in a circumferential array around the header 
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pipe. Strain data was taken with external strain gages to 
calculate the concentrated stress at the welds of the pipe 
connections. Strain gage locations were selected to understand 
the strain field surrounding the side branches where failure has 
historically occurred. The selected positions for the strain gages 
are shown in Figure 3. 

 
Figure 3 Close of Instrumeted Branch (Dynamic 
Pressure Probes Left, Strain Gages Middle, and 

Accelerometers Right) 
 
Upstream conditions for the tests were provided by a 3-

MW Dresser-Rand Datum D12R6B centrifugal compressor that 
provided moderate pressure (100 psia) and high flow rates 
(2.72 kg/s) of air for exciting the test section for an extended 
period of time. In addition to the two piping configurations, 
two different valves were tested to compare excitation sources, 
a pneumatically-actuated ball valve and a hand-operated ball 
valve of the same size. 

A total of 84 recorded tests were conducted over a two-
week period. The first five tests were conducted while the 
compressor was not in operation in order to test measurement 
and recording equipment and verify signal integrity. A total of 
50 tests were conducted with the pneumatically-actuated valve 
and 29 tests were conducted with the hand-operated valve. Of 
the 79 powered tests, 41 were conducted with the test section in 
the perpendicular configuration and 38 were conducted in the 
parallel configuration. The static pressure upstream of the 
valves measured in the tailpipe ranged from 0.84 to 88.33 psig 
and the static pressure downstream of the valves measured in 
the tailpipe ranged from 2.32 to 8.26 psig, depending on 
operating conditions. A mass flow rate of 0.8 to 3.17 kg/s was 
achieved during the test campaign.  

POST PROCESSING AND TEST RESULTS 
Post-processing of the test data occurred in two phases. 

First, the probe measurements were examined on a macro scale, 
where time wave data was condensed into RMS and average 
values to show major trends and to identify which cases were 

the most representative of conditions measured. After select 
measurements were identified to represent the major 
configurations tested (i.e., valve type and piping 
configurations), the next round of post-processing focused on 
frequency content. Each signal was filtered with a Butterworth 
filter to remove content below 5 Hz. Next, a Fast Fourier 
Transform (FFT) of each signal was taken and plotted. Plots 
were created showing frequencies up to 3,000 Hz and 3,500 
Hz, as this was the expected range for AIV. After an initial 
review of the frequency data, the high pass filter was then 
expanded to remove content below 400 Hz to better examine 
high frequency AIV phenomena instead of lower frequency, 
likely flow-induced, vibrations. When evaluating piping 
systems for vibration, including the effects of flow induced 
vibrations (FIV) is recommended. While FIV generally occur at 
relatively lower frequencies (below those of AIV), FIV should 
be considered in the overall system response. 

Results indicated that the sound pressure levels (Lp) within 
the piping that were achieved during the reduced-power testing 
campaign reached upwards of 167 dB. Based on historical data, 
this level was sufficient for identifying the physics behind AIV. 
The SPL was calculated using Equation 1 (Evans, 2014) below 
and binned using RMS values of the dynamic pressure 
readings, where Pref was 2x10-5 Pa. 

 
   (1) 

 
When comparing the Lp at locations throughout the piping, 

the hand-operated valve produced higher pressure fluctuation 
levels (upwards of 3%) than the pneumatically-controlled valve 
at similar opening positions. While the inside diameters of the 
valves were identical, the likely reason for the difference in Lp 
is the shape of the ball and a flow path within each valve is 
noticeably different, as seen in Figure 4. The different 
geometries result in varying flow regimes with alternating 
pressure and flow velocities. In addition, the perpendicular 
configuration resulted in higher Lp values throughout the 
piping than those in the parallel configuration. The cause of 
this difference is still under investigation but may be due, in 
part, to the entrance of the stream in the perpendicular 
configuration being closer to the probes than for the parallel 
configuration, while having the same flow path length, as seen 
in Figure 1 and Figure 2. Having the Lp attenuate in a larger 
volume for a longer length may have led to higher drops in Lp. 
Comparisons of Lp readings at various locations to different 
valves and piping configurations with similar conditions is 
provided below in Figure 5. The angle positions of the 
measurements in Figure 5 and Figure 6 are with respect to the 
branch connection (i.e. 0° is in the same direction as the branch 
connection/vertical while 90° is perpendicular of the branch 
connection on the header). 
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Figure 4 Test Valve Internals at 40% Open (Hand-

Operated Valve - Left, Pneumatically-Controlled Valve 
- Right) 

 

 
Figure 5 Sound Pressure Level (Lp) Comparison with 

Different Valves and Configurations at Similar 
Conditions 

 
Another trend present when comparing the different test 

cases was that there was an overall increase in Lp with regards 
to increasing compressor running speed, shown in Figure 6, 
and increasing system temperature. Overall, the more energy 
introduced into the system resulted in higher Lp and higher 
strain and vibration readings throughout the system. 

 
Figure 6 Sound Pressure Level (Lp) Comparison with 
Different Compressor Speeds at Similar Conditions 

with Respect to the 8,000 RPM Case 
 

There appeared to be an inverse relationship when 
comparing the mass flow rate of the gas and Lp measured in the 
tailpipe for elevated compressor running speeds. As seen in 
Figure 7, in high-speed (12,160 rpm) cases in the parallel 
configuration using the control valve at elevated flow rates, the 
Lp was comparatively lower. Results also suggested that, even 
at higher Lp scenarios, the strain measured at the side-branch 
weld locations may have been tied more closely to flow. While 
this data is provided in RMS values, no current link has been 
made between AIV frequencies with peak strain frequencies at 
the welds. There is, however, a present correlation between Lp 
trends and RMS vibration/acceleration values. 

 
Figure 7 Mass Flow and Lp Comparisons of High-
Speed Cases with Respect to Case 310 (Control 

Valve, Parallel Configuration, 45% Valve Opening, 2.9 
kg/s Flowrate) 

ACOUSTIC MODE PREDICTIONS 
High-frequency pressure fluctuations within piping can 

cause excitations of multiple acoustic mode shapes. A two-
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dimensional (2D) acoustic prediction code for higher-order 
acoustic modes was created by SwRI using Matlab scripts. This 
code predicts the modes and cut-off frequencies associated with 
each mode for a set number of higher orders. The equation used 
to calculate these discrete cut-off frequencies is provided in 
Equation 2, which includes the Doppler frequency shift due to 
uniform flow through the pipe. Properties needed, such as 
speed of sound (c) and Mach number (M), were calculated with 
NIST REFPROP V9.1 (Lemmon et al.) using operating 
conditions recorded during testing. 

   (2) 
 

Cut-off frequencies for a typical high Lp test are provided 
in Figure 8. The 3D plot provides the cut-off frequencies and 
associated mode for higher-order acoustic mode shapes with 
various nodal diameter (p) and nodal ring (q)  patterns. This 
data was used to compare pulsation and vibration data recorded 
during testing to see if any coincidences appeared between 
peak frequencies and predicted mode cut off frequencies. 

 
Figure 8 Acoustic Mode Cut-off Frequency 

Predictions 
 
Preliminary results suggested that there may be multiple 

coincidences of dynamic pressure, vibration, and higher-order 
acoustic modes across the frequency spectrum, as seen in 
Figure 9. The measured dynamic pressure spectra generally 
show high response peaks near and above many of the cut-off 
frequencies, but the peak responses are numerous and in many 
cases with only a 2D acoustic cut-off frequency prediction it is 
difficult to correlate the dynamic pressure peak frequency with 
a particularly acoustic mode. Similar results were seen when 
comparing strain frequency data and cut-off frequencies, as 
seen in Figure 10. 

 

 
Figure 9 Frequency Spectrum Comparison of 

Dynamic Pressure, Vibration (Accel), and Predicted 
Acoustic Modes during Case 403 (Hand Valve, 

Parallel Configuration, 45% Valve Opening, 3 kg/s 
Flowrate) 

 

 
Figure 10 Frequency Spectrum Comparison of Strain 

and Predicted Acoustic Modes during Case 403 
 
While the 2D acoustic prediction code can provide 

circumferential cross modes of the fluid volume, the structural 
analysis can provide both circumferential and axial pipe shell 
modes of the structural geometry. Expectedly, there are 
coincidences present with predicted acoustic mode frequencies 
and structural shell mode frequencies. The deflection patterns 
caused by the structural modes follow distinct nodal patterns 
that occur at the same frequencies as predicted acoustic 
frequencies. The first acoustic mode (p=1, q=0), based on an 
average speed of sound value, occurs at approximately 601 Hz 
corresponds well with a structural shell mode at 599 Hz with a 
nodal pattern of n=3 for both configurations, shown in Figure 
11. 

 
Figure 11 Modal Analysis Results for the 
Perpendicular Configuration at 599 Hz 
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Coincidences with structural modes are possible for all 
acoustic mode reviewed. The second acoustic mode (p=2, q=0) 
occurs at 997 Hz and corresponds with structural modes near 
1,006 Hz found in the structural modal analysis. Nodal patterns 
of n=4 were found in the modal analysis results at frequencies 
corresponding to the third acoustic frequency (p=0, q=1) at 
approximately 1,250 Hz. This suggests that if multiple acoustic 
modes are excited by a high-energy, broadband frequency 
source, multiple structural shell modes can be coupled with 
distinct nodal patterns at the same frequencies. The high energy 
deformation of the piping caused by this coupling can lead to 
elevated stress at the welds of the branch connections. 

Based on the measured data, no distinct amplified nodal 
pattern in dynamic pressure can be inferred over the broad 
range of frequencies. This could be due to multiple nodes being 
excited during each test, preventing one single nodal pattern 
from being dominant and identified, or the amplitude of the 
dynamic pressure was not high enough to capture the geometry 
of the nodal pattern. Based on the current data, slightly higher 
accelerometer response levels are present at 90° from the 
branch connection during the same events. Figure 12 
demonstrates a nearly 50% increase in vibration values 
recorded from the branch connection location (vertical) to the 
90° probe location. 

 
Figure 12 Measured Acceleration (g) at Accelerometer 

Locations (Marked in Yellow) at Branch Location 2 

COMPUTATIONAL FLUID DYNAMICS MODELING 
A computational fluid dynamics (CFD) model was 

constructed to look at the wave behavior across the pipe. The 
primary goal of this work was to develop amplification factors 
for the excitation energy when it hits a cross-section of the 
pipe. The predicted pulsation amplitudes can be implemented 
as the excitation source to create a forced response in a finite 
element model of the piping that will predict stresses. The 
calculated stresses can then be used to determine a likelihood 
of failure. 

Excitation from valves with high-pressure differential is 
primarily turbulent energy. The flow is choked at the vena 
contracta, creating a high-energy jet that expands into the 
piping, creating broadband turbulence. This creates pressure 

and velocity fluctuations in the piping system that can couple 
with piping acoustic and mechanical natural frequencies, 
creating fatigue failures at high-stress concentration points, 
such as tee connections. Typically, the excitation is low 
amplitude broadband excitation from approximately 200 Hz to 
5,000 Hz. 

In piping diameters 6” and larger, the wavelengths that 
propagate from this type of excitation are shorter than the inner 
diameter of the piping, creating excitation of the acoustic cross-
modes or radial-modes of the piping. The 3D wave equation 
used to calculate the radial modes can be simplified into a 
solution in the form of a Bessel Function. Lower-frequency 
longitudinal- or beam-type acoustic modes are typically not a 
source of failures and vibration problems from broadband 
excitation sources. The acoustic radial and circumferential 
piping modes are described in the equation below, Equation 3, 
with the coefficient, α, determined by the circumferential and 
radial modes of the piping as defined by the qth zero of the first 
derivative of the pth order of the Bessel function. The first 
acoustic 3D mode shape is shown in the highlighted section of 
Figure 13 below. The frequency of the first mode, with p=0, 
q=1, for the piping system that was modeled was calculated at 
600.7 Hz using a speed of sound (c) of 1,135 ft/s. 

 
   (3) 

 

 
Figure 13 Acoustic Piping Radial Modes with the First 

Model Highlighted 
 

With broadband excitation, it is not possible to know 
which piping radial mode will be excited. Therefore, to be 
conservative, the model was constructed using the first acoustic 
cross-mode or radial mode of the pipe. The first mode response 
is the most easily excited and, when excited, will result in the 
highest amplitude response. Therefore, implementing the 
excitation source for the first acoustic cross-mode will result in 
the most conservative case for excitation amplification. 

A CFD model of the system was developed in a 1D, time-
domain transient analysis pulsation solver (TAPS) developed 
by SwRI. This is a well-validated, three-equation transient flow 
solver that includes all terms of the governing equations, 
including fluid inertia, diffusion, viscosity, and energy 
dissipation. The model is a finite difference numerical solution 
of the Navier-Stokes equations. Pipe inlet condition is an active 
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inlet forced sinusoidal wave. The boundary condition is a 
closed wall. The solver output is shown in Figure 14. 

 
Figure 14 Full Navier-Stokes Solver 

 
The results of the model in Figure 15 show a peak 

amplitude at 597.6 Hz of 2.85 psi pk pk. This corresponds well 
to the pulsation amplitudes in the test data in Figure 16 for the 
same test conditions. The recorded time wave of the pulsation 
test data shows a maximum of 2.5 psi pk pk in the time wave 
plot. The goal of the model is to calculate the highest dynamic 
pressure amplitude that will result in a piping system with the 
inputs based on the test data. The result can then be applied as a 
forced response to the piping finite element analysis model to 
predict stress. 

 
Figure 15 Model Results of the Test Corresponding to 

the Recorded Laboratory Data 
 

 
Figure 16 Filtered Laboratory Data Used for Validation 

of the 1D Model 

ACOUSTIC DAMPENER PREDICTED ATTENUATION 
Based on the recorded data, there is no single peak 

frequency associated with AIV noise that causes high, 
dynamic-pressure waves. Overall, there appears to be a 
broadband excitation with multiple elevated frequency peaks 
that may lead to elevated stresses at the weld seams of branch 
connections. Therefore, a mitigation approach that focuses on 
frequency avoidance or shifting is not recommended due to the 
possibility of exciting other modes. Large volume acoustic 
dampeners have been used throughout various industries to 
successfully attenuate acoustic noise and excitation. In general, 
the effectiveness of the dampener is dependent on the flow 
Mach number at the dampener outlet as well as the ratio of the 
areas of the dampener diameter to the outlet pipe diameter. The 
outlet pipe diameter is sized such that the flow Mach number is 
sufficiently below one. 

A model of the system with a custom designed acoustic 
dampener was developed in the 1D time-domain transient 
analysis pulsation solver (TAPS). To solve the discretized form 
of these equations, second-order methods are utilized in the 
TAPS code. One should note that the viscous through-flow 
energy dissipation represents the velocity gradient losses in the 
pipe flow direction, which is usually very small for steady flow 
but can be significant for pulsating flows. To properly capture 
the nonlinearity of the viscosity term, small time steps and fine-
grid spacing are required. The conventional pipe friction loss 
must also be included, as it accounts for the normal flow 
gradient viscous losses which are primarily steady-state effects. 
Pressure losses inside the pipe and at the interfaces are 
determined from friction loss models and viscosity losses are 
directly calculated from the discretized viscosity term of the 
momentum equation (in the flow direction); these two terms are 
applied at every time step at every applicable node. 

The test points are located in each system as shown in the 
representative schematic in Figure 17. The test point “up” can 
be compared to the test points “dn2” in the PSV outlet pipe and 
“header 25%” and “header 50%” system to evaluate the 
attenuation level in the downstream piping and header. Figure 
18 provide low-frequency FFTs of the pressure wave acoustic 
modeling results for the perpendicular configuration. Results 
for both configurations show significant and similar reductions 
in pressures with the insertion of a dampener. 

 
Figure 17 Location of Test Points in the System of the 

Perpendicular Configuration 
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Figure 18 FFT (Low-Frequency Range) of Predicted 

Acoustic Dynamic Pressure Attenuation of the 
Proposed Dampener in the 4-inch PSV Outlet Piping 

for the Perpendicular Configuration 

CONCLUSIONS 
Based on the rest results of the reduced-power testing, the 

geometries of the two 4” valves produce different pressure 
fluctuations (3% difference) when under the same operating 
conditions stemming from the flow path difference generating 
varying flow regimes with alternating pressure and flow 
velocities. A reduction in Lp is apparent in the header when the 
tailpipe enters the header in a parallel configuration (in-line 
with the pipe) as opposed to a more traditional perpendicular 
configuration (entering at 90°). An inverse relationship was 
present in the data between flow rate and Lp in the tailpipe 
when other operating conditions are steady. 

Results of the acoustic mode predictions and modal 
analyses match frequency amplitudes recorded in internal 
dynamic pressure fluctuations, pipe wall acceleration, and 
strain data at the welds. There does appear to be a correlation 
with acoustic modes in the pipe, structural modes of the pipe, 
and possible elevated stresses at the welds at the pipe at 
multiple frequencies. Distinct modal shapes related with 
particular radial mode frequencies were not identified in the 
recorded acoustic or acceleration data. This suggest that the 
stress concentration associated with branch connection failures 
may not necessarily be driven by a single frequency during 
AIV events. The 1D CFD model created by SwRI matched well 
with the pulsation amplitudes and peak frequencies recorded 
during testing. Such dynamic pressure information can be used 
in a forced response analysis of a finite element model to 
determine stresses at fillet welds and resulting fatigue life 
associated with AIV events. Further work is needed to improve 
and validate the mesh-sensitive finite element models and 
calibrate with test and historical data. 

The resulting Lp attenuation from the model predictions for 
the pulsation dampener mitigation is approximately 12 dB for 
the perpendicular configuration and 11 dB for parallel 
configuration. This attenuation would greatly reduce the 
likelihood of failure for branch connections in a blowdown 

system similar to the test section. While this predicted 
attenuation does closely match that seen in experimental data of 
similarly designed dampeners (Davis et al, 1954; Potente, 
2005), there are also several differences that are not accounted 
for, making this prediction overly conservative (the Lp 
attenuation in the experimental test is expected to be higher). 
The 1D model prediction does not account for various factors 
that will increase the attenuation, including significant 3D 
viscous sheer losses, expansion waves, cross-mode wave 
dissipation, and circulation dissipation, as well as the 
nonlinearity of losses and their associated sound pressure level 
in higher energy flows. Additional full-scale testing and 
research is currently underway at SwRI to quantify the 
attenuation of the dampener mitigation deign and to further 
validate and improve the 1D model. 
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