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ABSTRACT 
Operational Modal Analysis (OMA) relies on random 

interaction between the rotor and gas to excite the operating 
modes of the system. Although existing OMA methods for 
application to any generic structural dynamic system have 
been developed, there are several potential variations on the 
methods that may maximize its accuracy for application to 
rotordynamic stability and force coefficients. Since the 
generic OMA approach assumes white noise excitation, some 
adaptation was required to accommodate structural- and flow-
induced excitation profiles unique to a centrifugal compressor, 
which include elements such as vane pass frequencies, shaft 
imbalance, etc. The project goal was to develop a suitable 
OMA algorithm that can incorporate various filters and 
frequency-weighting methods, and validate the results. Data 
were acquired at several conditions across the operating range 
of a five-stage compressor. These data were obtained at a 
variety of operating conditions and suction pressures to 
determine minimum dynamic pressure (density times velocity 
squared) needed to obtain meaningful results. Standard 
instrumentation were used to allow for practical 
implementation in the field. Additionally, a lateral 
rotordynamic analysis was completed to provide results for an 
undamped critical speed analysis, damped unbalance 
response, and stability results (damped eigenvalues) for the 
subject compressor.  

The OMA results provided both a good fit to the data 
despite low signal to noise ratio and matched the rotordynamic 
analysis results relatively well. The damped eigenvalue 
calculation predicts the first mode at 6,126 rpm, with a log dec 
of 0.66. The results from the OMA analysis agree well for the 
data from the drive end of the compressor, where the damping 

ratio is approximately 4.5% (higher or lower) and the natural 
frequency is approximately 10% (higher or lower).  

INTRODUCTION 

Vibration Types 
Two types of potentially problematic vibration in 

industrial compressors are synchronous vibration and 
subsynchronous vibration. Synchronous, or running speed, 
vibrations are normally excited by residual unbalance 
resulting from small imperfections in the manufacturing and 
assembly processes. Synchronous vibrations become most 
severe at the compressor’s lateral critical speeds (i.e., 
coincidence of running speed with a system natural 
frequency). Such vibrations can be controlled by placing 
natural frequencies away from operating speed, by providing 
adequate damping in (or behind) the bearings, and by 
minimizing unbalance.  

The second, more troubling, type of vibration occurs 
when non-conservative whirling rotational energy or cross-
coupling forces act to excite a lateral natural frequency that is 
below the running speed (i.e., subsynchronous vibration). 
These excitation forces and moments generated at seals and 
impellers have components that act at right angles to the 
displacement vector. Cross-coupling effects tend to sustain 
whirling motion at a subsynchronous natural frequency when 
insufficient damping is present. The whirling motion is 
referred to as self-excited mechanical instability and can lead 
to serious damage, if not properly controlled.  

One high profile case of self-excited rotordynamic 
instability occurred during testing of the space shuttle main 
engine high-pressure fuel turbopumps in 1976. This case 
demonstrated the rapid damage potential of this kind of 
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problem - a clear relevance to modern turbomachinery, and 
the use of rotordynamic analysis methods to help mitigate the 
instability [1].  

For industrial machines, rotordynamic stability problems 
became economically significant during the early years of 
North Sea oil and gas production. It was necessary to reinject 
the produced gas, sometimes against a well pressure as high 
as 8,000 psi (about 552 bar), and a number of turbomachines 
initially became inoperable due to high vibration as their 
discharge pressure was raised. Offshore fields currently under 
consideration by oil companies have pressures as high as 
1,000 bar. Modern centrifugal compressor designs continue to 
push the state-of-the-art in terms of performance and 
horsepower in order to meet market demands. In general, these 
designs contain features that cause higher cross-coupling 
forces, and require increasingly novel countermeasures in 
order to avoid rotordynamic instability.  

Limitations in the Prediction of Subsynchronous 
Vibrations 

Southwest Research Institute has been heavily involved 
in the prediction and control of such vibration problems since 
they were first identified. Methods are well established for 
conducting lateral rotordynamic analyses, which take many 
potential sources of destabilizing and stabilizing forces into 
account to determine the stability of the composite system. 
Typically, this is accomplished by developing rotordynamic 
coefficients for the bearings, the seals (especially the balance 
piston), and the impellers. These coefficients essentially 
function as spring/dashpot connections between the 
rotordynamic model of the shaft and the supporting casing. 
Well-developed computer modelling techniques exist for 
calculating these coefficients for bearings, seals, and 
impellers; however, some of these methods are often 
simplified to speed up the design process, and there is still 
uncertainty in even the most accurate analytical models at 
exceedingly high discharge pressures. With these unknowns, 
most equipment purchasers choose to mitigate risk for critical 
applications by requesting a full-load full-pressure equipment 
test at the manufacturer’s facility. This helps the purchaser and 
the original equipment manufacturer (OEM) validate both the 
performance of the machine and the mechanical integrity in 
the designed state. Unfortunately, ensuring that the machine is 
stable in its delivered condition is not the only concern of the 
purchaser. The purchaser desires a stable machine in the field 
for the life of the machine. 

To understand the previous statement, it is important to 
elaborate on the relationship between the stabilizing and 
destabilizing elements in the high-pressure compressor. As 
described previously, there are several features that contribute 
to the stability (or lack thereof) of a high-pressure compressor: 
bearings, seals, and impellers having the greatest impact. 
Bearings and damper seals tend to be stabilizing, while 
impellers and traditional seals tend to be destabilizing. Since 
bearings tend to be relatively stiff and help to establish the 
natural frequency of the machine, machines often have small 
motions in the vibrations modes near the bearings; thus, they 
provide relatively little damping to the low-frequency 

vibration modes. In contrast, seals are often located near the 
center of the machine, which tends to correspond to the 
antinode of the vibration mode shape. This feature allows 
high-pressure seals to have a large influence on the stability of 
the compressor. To maximize this benefit, damper seals are 
often employed, as they produce a high amount of damping 
compared to other non-contacting seal varieties. These seals 
are made by drilling or plunge electron discharge machining 
(EDM) a large number of holes in the stationary portion of the 
annular seal, as shown in Figure 1. A number of publications 
exist on damper seals. Among the variables that affect the 
damping provided by a seal, the clearance between the rotating 
component and the seal surface is often the most significant in 
conjunction with the taper of the seal [2]. These clearances in 
an industrial machine are on the order of 125 -250m (5-10 
mils) radially, which can often result in rubbing between the 
rotor and stator elements due to inevitable machine 
misalignment, rotor bow, and vibration. Additionally, these 
components wear over time due to erosion as dirty gas with 
particulates flows through the seal lands. The result of this 
rubbing and erosion as the machine accumulates hours in the 
field is a tendency for increased bearing and seal clearances, 
which results in lower damping and reduced stability margin.  

 

 

Figure 1. Typical Hole-pattern Seal 

Although this may seem discouraging, seal wear can be 
accounted for if the rotordynamic model has been adequately 
validated in a known state. This validation is accomplished in 
the following manner: When new, the bearing and seal 
clearances are known, and the influence of the destabilizing 
forces in the impellers can be estimated using known 
correlations between impeller design, operating pressures, etc. 
The dynamic stiffness and damping coefficients due to these 
machine elements are then calculated and applied to a finite-
element beam model of the rotor; allowing the analyst to 
predict the natural frequency and logarithmic decrement (log 
dec) of the machine when it is operating on the test stand at 
full-load and full-pressure conditions. If the natural frequency 
and log dec of the machine can be measured on the test stand, 
this rotordynamic model can be calibrated to match the 
measured vibration mode of the equipment on the test stand. 
This model can then be exercised by performing parameter 
studies on the bearings, seals, etc. to predict the stability of the 
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machine as the bearings and seals wear-in. This process can 
ensure stability for the life of the machine. 

Conventional Full-Load Full-Pressure Shop Testing 
Methods 

To assess dynamic stability on the shop floor, a machine 
needs to have an excitation source. Historically, this excitation 
source has been mechanical, either relying on an impulse load 
generated by a hammer or by a sweep applied by mechanical 
shakers. Modern techniques rely on the installation of an 
active magnetic bearing (AMB) on the free end of the shaft, as 
shown in Figure 2, a practice that was employed as early as 
2002 by Moore [4]. 

 

 

Figure 2. Magnetic Bearing Exciter Assembly 
Applied to the Tupi III Compressor [3] 

 
Although this procedure often produces high-quality 

measurements, this process requires forethought during the 
design process to allow for the adaptation of an additional 
magnetic bearing on the end of the shaft. This practice 
complicates the design process, which costs time and money. 
Additionally, this technique does not necessarily conserve the 
dynamic characteristics of the machine, as the mass of the 
exciter can alter the vibratory modes of the machine when 
applied incorrectly. When performed correctly, this practice 
allows the OEM to validate the rotordynamic model using the 
frequency-response curves generated during the sine sweep 
similar to the plots shown in Figures 3 and 4. Notice how the 
addition of load on the machine shown in Figure 4 increases 
the damping ratio of the first critical speed. This can be seen 
by the lack of peakiness in the vibration response near 8,000 
rpm in Figure 4, relative to that shown in Figure 3. These data 
are clearly valuable, improving confidence in the predictive 
tools employed to perform the analysis, and reducing risk to 
the purchaser. As these data are valuable to both parties, the 
business case for a third party to assess stability during a full-
load full-pressure test is compelling. A non-intrusive 
measurement technique is needed and operational modal 
analysis fills that need. 

 

Figure 3. Example Frequency Response Plot from 
the Exciter Sweep at Full Speed and No Load [4] 

 

 

Figure 4. Frequency Response Plot from the Exciter 
Sweep at Full Speed at 1,000 psi Discharge 

Pressure [4] 

APPLICATION OF OMA TO ROTATING EQUIPMENT 
Since the early 1990s, operational model analysis (OMA) 

has drawn attention in the civil engineering community 
relating to bridges, towers, and oil platforms. The primary 
difference between OMA and conventional techniques is that 
OMA relies on a natural excitation source to observe the 
structural properties of a system. The OMA approach is (1) 
relatively inexpensive, (2) non-intrusive (it does not require 
external exciters, structural modifications, etc.), (3) captures 
the model characteristics for real loading scenarios, and (4) 
allows for real-time vibration and health monitoring of 
structures. Although operational modal analysis was initially 
introduced in stationary structures, Guglielmo, et al. [5] 
successfully applied the technique to study the stability of a 
high-pressure Nuovo Pignone LNG compressor during a 
FLST test in 2013. Guglielmo goes on to compare 
conventional and OMA system identification techniques on 
the same shaft, producing remarkable consistency between the 
two methods of identification, as shown by a comparison of 
the natural frequencies and logarithmic decrements shown in 
Figures 5 and 6, respectively. 
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Figure 5. Experimental Comparison of Measured 
OMA and AMB Natural Frequencies [5] 

 

Figure 6. Experimental Comparison of Measured 
OMA and AMB Logarithmic Decrements [5] 

Publications on this procedure, as applied to rotating 
equipment, were first published in 2014, and it has been a hot 
topic since, amassing at least three additional publications (to 
the authors’ knowledge) in the last year.  

In the current work, the authors acquired and 
commissioned a Solar Turbines C33 compressor and operated 
at various inlet conditions while acquiring data.  The data was 
then filtered and post-processed to assess the vibration modes 
of the machine using OMA. This work serves as a foundation 
for work to come where OMA practices will be extensively 
investigated. 

Dynamic Measurements for OMA 
Dynamic vibration data from the C33 compressor was 

used to verify the developed OMA method. These 
measurements included four proximity probes and a 
tachometer. The tachometer was located on the C33 drive end 
and provided a once-per-revolution signal to the data 
acquisition. From this signal, speed was calculated and data 
from other measurements were related to a relative shaft 
position. The proximity probes measured the displacement of 
the shaft, and these probes were mounted in pairs X/Y pairs 
positioned 90° apart from one another and perpendicular to the 
rotor shaft at both ends of the compressor (drive end and non-
drive end). Solar Turbines mounting practice places these 

probes at +/-45° from vertical, as shown in Figure 7 for the 
drive end prior to the driveline assembly. Note that these are 
factory instrumentation that are available in nearly all oil and 
gas compressors. An Alta Solutions Machinery Analyzer was 
used to acquire and provide real-time monitoring of these 
signals. 

 

 

Figure 7. Compressor Drive End Proximity Probes 
 
After the lube oil piping was installed, supply connections 

to the compressor and gearbox were tied straight to the drain 
connections to bypass the components to flush oil through the 
new piping. Strainers were placed at these flange connections 
and at the drain flange into the lube oil tank. These were 
checked and cleaned at various intervals (increasing over 
time) for two weeks until no metal was found. The seal gas 
supply was flushed with alcohol and then nitrogen to ensure 
no particles less than three microns in diameter remained in 
these lines. Similarly, the separation air was flushed for 
several hours. The fill system was installed, piping was hydro-
tested, cryogenic lines were insulated, and then the system was 
blown out. The fully-assembled skid is shown in Figure 8. 

For commissioning, the C33 compressor was operated to 
full speed, including a break-in procedure supplied by Solar 
Turbines. This was done as an air test in an open loop 
configuration so the large piping could be blown out. The loop 
was then configured for closed-loop, low-pressure testing and 
the compressor was tested up to full speed at suction pressures 
of 30 psia. A representative Bode diagram from this test is 
shown in Figure 9. The anti-surge protection capabilities and 
emergency shutdown sequence were tested and verified with 
our system. Finally, high-pressure operation of the fill system 
and compressor testing up to part-speed at suction pressures 
of 600 psia were conducted. High-pressure testing at full speed 
occurred following this successful commissioning. 
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Figure 8. Fully-Assembled C33 Compressor Skid 

 

Figure 9. Compressor Non-Drive End Bode Plots 
from Mechanical Break-in 

 

OMA 
The main research element of this project involved the 

development, application, and validation of an OMA 
procedure for determining rotordynamic stability. Dynamic 
vibration data acquired from the C33 compressor was used to 
assist with validation. This section presents the OMA analysis, 
rotordynamic analysis, and comparison of the two methods. 

OMA relies on random interaction between the rotor and 
air to excite the operating modes of the system. Although the 
OMA method for application to any generic structural 
dynamic system has already been developed, such as that 
presented by Betal [8], there are several potential variations on 
the method that may maximize its accuracy for application to 
rotordynamic stability and force coefficients. In the method 
outlined by Betal, measured data are filtered to remove 
unwanted frequencies. For a compressor system, these 
unwanted frequencies may include frequencies where 

excitation is not white noise, e.g., running speed and its 
multiples (potentially including vane pass frequencies from 
inlet and exit guide vanes). Other frequency-weighting 
methods may also be applied in order to tune the method to 
flow-induced excitation from the compressed gas and its 
variation from random white noise. Finally, rotor mode shapes 
are typically well known and mode shape extraction 
algorithms may be optimized to identify these types of mode 
shapes with the most accuracy. 

Since the generic OMA approach assumes white noise 
excitation, some adaptation was required to accommodate 
structural- and flow-induced excitation profiles unique to a 
centrifugal compressor, which include elements such as vane 
pass frequencies, shaft imbalance, etc. The project goal was to 
develop a suitable OMA algorithm that can incorporate 
various filters and frequency-weighting methods, and validate 
the results. 

Approach 
Throughout the commissioning, troubleshooting, and 

testing of the C33 compressor, displacement measurements of 
the rotor shaft were acquired with two proximity probes (X/Y 
pair) on both the drive and non-drive ends of the compressor. 
The dynamic data acquired with the Alta Solutions Machinery 
Analyzer were used for this analysis.  

Due to the various issues encountered during 
commissioning and initial testing, there was a limited range of 
operating conditions over which data were acquired for the 
current work. This analysis focused on data acquired at 
operating conditions with the highest speeds, flow rates, and 
pressures, so that gas excitation forces were sufficient and the 
strongest response could be observed. Even still, the first 
mode response was difficult to distinguish from the noise (this 
is not unusual for OMA). 

Figure 10 shows the spectra from the X and Y proximity 
probes at the drive end (DE) and non-drive end (NE). The 
running speed was 13,950 rpm (232.5 Hz) and the frequency 
of the first mode was around 100 Hz. While the response at 
the running speed was stronger at the non-drive end, generally, 
the data acquired on the compressor drive-end consisted of 
stronger responses for the first mode. 

Figure 11 shows a zoomed-in view of the first mode 
response. As a method of reducing the signal noise and better 
representing the shape of the response, an ensemble average 
was taken of the spectra over 20 samples at this steady-state 
condition. The result is labelled as “Avg. Data” in Figure 10 
and Figure 11. Although more samples could have been used 
to create an even smoother trend, the chosen value of 20 
provided confidence that the operating condition was not 
shifting over this period. Recall, most of the operation and 
testing to this point had been for commissioning and 
troubleshooting, thus, the compressor was not reaching a 
thermal heat soak. 
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Figure 10. Compressor Proximity Probe Spectra Including Running Speed 

 

  

Figure 11. Compressor Proximity Probe Spectra Zoomed-in on the First Mode 
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After identifying the first mode response in the data, a 
least squares curve-fitting algorithm was used to fit a single-
degree-of-freedom system to the average trend. This followed 
the system response form of: 

  
2 22

1

1 2
n n

kH 
 
 


                

       

  (1) 

where the natural frequency n, damping ratio, , and 
stiffness, k, are solved for as coefficients in the curve-
fit. These are defined as 

 ,
2

n

k c

m km
     (2) 

Attention to initial conditions for the curve fitting was 
found to be vital to obtaining reasonable solutions.  

RESULTS 
This method was applied to the four proximity probes 

over a specified frequency range to avoid influence from 
nearby responses. Figure 12 shows the resulting curve fit 
overlaid on the signals and Table 1 summarizes the damping 
ratios and natural frequencies. Additionally, the phase angle 
of zero between respective drive end and non-drive end probes 
(DEX-NEX and DEY-NEY) at the frequency of first mode 
was verified and confirms that the measurements are in phase 
with one another as expected for this mode. 

 

Figure 12. Compressor Proximity Probe Spectra with Curve Fit of First Mode Response 
 

Table 1. Comparison of OMA Analysis on Test Data with Rotordynamics Analysis Results 

 Test  Prediction ‐ Max Stiffness  % Difference 

  Damping 
Ratio 

Frequency, Hz  Damping Ratio  Frequency, Hz  Damping Ratio  Frequency, Hz 

DEX  0.1093  113.94 

0.1045  102 

4.4%  10.5% 

DEY  0.1099  112.18  4.9%  9.1% 

NEX  0.1425  115.96  26.7%  12.0% 

NEY  0.1567  115.58  33.3%  11.7% 



 

 

 
Note that Table 1 also contains a comparison between 

measured and predicted rotordynamic response.  Due to 
confidentiality concerns, the details for this rotordynamic 
analysis are not presented in this work; however, these results 
stem from a standard Timoshenko beam finite element model 
including all bearings, seals and impeller cross-coupled 
coefficients. Overall, the agreement for this approach is quite 
good, and sets a stage where future work can expand on this 
method and its limitations. 

DISCUSSION 
The OMA results provided both a good fit to the data 

despite low signal to noise ratio and matched the rotordynamic 
analysis results relatively well. For example, consider the 
maximum bearing stiffness case from the rotordynamic 
results, since that is likely the closest approximation to the 
actual test configuration per as-built dimensions. From the 
imbalance response, the first mode occurs between 6,600 and 
6,700 rpm, with a damping ratio of 0.246 to 0.279 
(corresponding to amplification factors of 2.03 to 1.79). The 
damped eigenvalue calculation predicts the first mode at 6,126 
rpm, with a damping ratio of 0.1045 (corresponding to a log 
dec of 0.66). These results are compared to the OMA values 
in Figure 12 and Table 1. Additionally, the results from the 
OMA analysis agree well for the data from the drive end of 
the compressor, where the damping ratio is approximately 
4.5% different and the natural frequency is approximately 
10% difference. 

While the results from the development of this OMA 
procedure were successful, there are a few areas where this 
work could be expanded. Anticipated future work on the OMA 
method for this machinery includes the following objectives: 

1. More data collection at different operating 
conditions and evaluating critical flow velocities 
gas densities necessary to obtain relevant data. 

2. Alternate curve fitting methods 
3. Alternative filtering of unwanted frequency ranges 
4. Real time implementation 
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